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Effect of hall currents on thermal instability

of dusty couple stress fluid
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Abstract In this paper, effect of Hall currents on the thermal instabil-
ity of couple-stress fluid permeated with dust particles has been considered.
Following the linearized stability theory and normal mode analysis, the dis-
persion relation is obtained. For the case of stationary convection, dust
particles and Hall currents are found to have destabilizing effect while cou-
ple stresses have stabilizing effect on the system. Magnetic field induced by
Hall currents has stabilizing/destabilizing effect under certain conditions.
It is found that due to the presence of Hall currents (hence magnetic field),
oscillatory modes are produced which were non-existent in their absence.

Keywords: Couple-stress fluid; Dust particles; Hall currents; Stationary convection;
Oscillatory modes; Magnetic field

Nomenclature

C – concentration of the fluid
Cpt – heat capacity of particles, J kg−1K−1

Cv – heat capacity of fluid at constant volume, J kg−1K−1

D – derivative with respect to z (= d/dz)
d – depth of layer, m
e – charge of an electron
F – couple-stress parameter (= µ′/ρd2)
i – imaginary unit
~g(0, 0, −g) – gravity field, m s−2

g – gravitational acceleration, m s−2

∗Corresponding Author. E-mail: amrish.aggarwal@jiit.ac.in
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~H (0, 0, H) – magnetic field, G
~h(hx, hy, hz) – perturbation in magnetic field
K – Stokes’ drag coefficient, kg s−1

k – wave number, m−1

kT – thermal diffusivity, m2s−1

kx, ky – components of wave number k along x-axis, y-axis, m−1

M – Hall current parameter = (H/4πN ′eη)
m – mass of single particle, kg
N – perturbation in suspended particle number density N0

N0 – suspended particles number density
N ′

0 – electron number density
n – growth rate, s−1

p – pressure, Pa
Pr1 – Prandtl number
Prm – magnetic Prandtl number
Q – Chandrasekhar number (= µeH2d2/4πρ0νη)
~q (u, v, w) – velocity of fluid with components u, v, w, m s−1

~qd (l, r, s) – velocity of suspended particles with components l, r, s, m s−1

R – Rayleigh number (= gαβd4/νκ)
R1 – modified Rayleigh number
T – temperature, K
t – time, s
x – dimensionless wave number
~x (x, y, z) – space coordinate
x, y, z – Cartesian coordinates

Greek symbols

α – coefficient of thermal expansion, K−1

β – uniform temperature gradient, K m−1

η – electrical resistivity, m2s−1

η′ – suspended particle radius, m
δp – perturbation in pressure
δρ – perturbation in density
θ – perturbation in temperature, K
µ – dynamic viscosity, kg m−1s−1

µ′ – couple-stress viscosity
µe – magnetic permeability
ν – kinematic viscosity, m2s−1

ν′ – kinematic viscoelasticity, m2s−1

ρ – fluid density, kg m−3

ζ – z component of vorticity
η – z electrical resistivity
ξ – z component of current density
∇ – nabla operator
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Subscripts and superscripts

d – upper surface
0 – botom surface
∗ – complex conjugate

1 Introduction

Chandrasekhar [1] has given the theory of Benard convection in a viscous,
Newtonian fluid layer heated from below. Chandra [2] observed that in
an air layer, convection occur at much lower gradients than predicted if
the layer depth was less than 7 mm, and called this motion, ‘Columnar
instability’. However, for layers deeper than 10 mm, a Benard type cellular
convection was observed. Thus, there is a contradiction between the the-
ory and the experiment. The use of Boussinesq approximation has been
made through out which states that the density changes are disregarded in
all other terms in the equation of motion except the external force term.
Sharma [3] has considered the effect of rotation and magnetic field on the
thermal instability in compressible fluids. The fluid has been considered to
be Newtonian in all the above studies while Scanlon and Segel [4] have con-
sidered the effect of suspended particles on the onset of Benard convection
and found that the critical Rayleigh number was reduced solely because of
the heat capacity of the pure fluid.

With the growing importance of non-Newtonian fluids in modern tech-
nology and industries, the investigations on such fluids are desirable. The
theory of couple-stress fluids is proposed by Stokes’ [5]. One of the appli-
cations of the couple-stress fluid is its use to the study of the mechanism
of lubrication of synovial joints, which has become the object of scientific
research. A human joint is a dynamically loaded bearing which has ar-
ticular cartilage as the bearing and synovial fluid as the lubricant. When
a fluid film is generated, squeeze film action is capable of providing con-
siderable protection to the cartilage surface. The shoulder, knee, hip and
ankle joints are the loaded bearing synovial joints of the human body and
these joints have a low friction coefficient and negligible wear. Normal
synovial fluid is clear or yellowish and is a viscous, non-Newtonian fluid.
According to the theory of Stokes [5], couple stresses are found to appear
in noticeable magnitude in fluids with very large molecules. Since the long
chain hylauronic acid molecules are found as additives in synovial fluid.
Walicki and Walicka [6] modeled synovial fluid as a couple-stress fluids in
human joints. Goel et. al. [7] has studied the hydromagnetic stability of
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an unbounded couple stress binary fluid mixture having vertical tempera-
ture and concentration gradients with rotation. An electrically conducting
couple-stress fluid heated from below in a porous medium in the presence
of uniform horizontal magnetic field has also been submitted by Sharma
and Sharma [8]. The use of magnetic field is being made for the clinically
purposes in detection and cure of certain diseases with the help of magnetic
field devices/instruments. The problem of a couple-stress fluid heated from
below in a porous medium is considered by Sharma and Sharma [9] and
Sharma and Thakur [10].

Recent space craft observations have confirmed that the dust particles
play a significant role in the dynamics of the atmosphere as well as in the
diurnal and surface variations in the temperature of the Martian weather.
Further, environmental pollution is the main cause of dust to enter the
human body. The metal dust which filters into the blood stream of those
working near furnace causes extensive damage to the chromosomes and
genetic mutation so observed are likely to breed cancer as malformations
in the coming progeny. Therefore, it is very essential to study the blood
flow with dust particles. Considering blood as couple-stress fluid and dust
particles as microorganisms, Rathod and Thippeswamy [11] have studied
the gravity flow of pulsatile blood through closed regular inclined channel
with microorganisms. Sunil et. al. [12] have studied the effect of suspended
particles on couple-stress fluid heated and soluted from below in a porous
medium and found that suspended particles have destabilizing effect on the
system.

If an electric field is applied at right angles to the magnetic field, the
whole currents will not flow along the electric field. The tendency of elec-
tric current to flow across an electric field in the presence of magnetic field
is called Hall effect. The Hall currents are likely to be important in flows
of laboratory plasmas as well as in many geophysical and astrophysical
situations. Sharma and Sharma [13] have studied the effect of suspended
particles on couple-stress fluid heated from below in the presence of rota-
tion and magnetic field. Gupta [14] has seen the effect of Hall currents on
the thermal instability of electrically conducting fluid in the presence of
uniform vertical magnetic field.

Singh and Dixit [15] have studied the effect of Hall currents on the ther-
mal instability of a compressible couple-stress fluid with suspended particles
while Kumar and Kumar [16] have seen the combined effect of dust parti-
cles, magnetic field and rotation on a couple-stress fluid heated from below.



Effect of hall currents on thermal instability. . . 7

Aggarwal and Makhija [17] have studied the combined effect of magnetic
field and rotation on couple-stress fluid heated from below in the presence
of suspended particles. The effect of suspended particles, magnetic field
and rotation on the thermal stability of a ferromagnetic fluid has been
studied by Aggarwal and Verma [18]. The effect of compressibility and
suspended particles on thermal convection in Walters’ B’ elastico-viscous
fluid in hydromagnetics has been considered by Sharma and Aggarwal [19].
Postrzednik [20] has studied the influence of the heat transfer on the specific
thermal capacity of the flowing compressible fluid. The unsteady natural
convection in micropolar nanofluids has been studied by Rup and Ner-
ing [21].

In this paper, the effect of Hall currents on thermal instability of couple-
stress fluid in the presence of dust particles is considered.

2 Mathematical formulation

Consider a static state in which an incompressible, Stokes’ [5] couple-stress
fluid layer of thickness d heated from below so that a uniform temperature
and density at the bottom surface z = 0, are T0, ρ0, respectively, and at
the upper surface z = d, are Td, ρd, and a uniform adverse temperature

gradient β =
∣

∣

∣

dT
dz

∣

∣

∣ is maintained and the layer is acted upon by the gravity

field ~g(0, 0, −g) and uniform magnetic field ~H (0, 0, H).

Figure 1: Schematic sketch of the problem studied.
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Let p, ρ, T , α, ν, µ′, µe, kT , and ~q (u, v, w) denote respectively pressure,
density, temperature, coefficient of thermal expansion, kinematic viscosity,
couple-stress viscosity, magnetic permeability, thermal diffusivity and fluid
velocity. ~qd (l, r, s) and N0 denote the velocity and number density of sus-
pended particles, respectively. K = 6πµη′, where η′ is the particle radius,
is a constant and ~x = (x, y, z). Then the equation of motion and continuity
of couple-stress fluid are

∂~q

∂t
= − 1

ρ0
∇p + ~gαθ −

(

ν − µ′

ρ0
∇2
)

~q

+
KN0

ρ0
(~qd − ~q) +

µe

4πρ0

[(

∇ × ~h
)

× ~H
]

, (1)

∇ · ~q = 0 . (2)

Assuming uniform particles size, spherical shape and small relative veloci-
ties between the fluid and particles, the presence of particles adds an extra
force term, in the equation of motion (1), proportional to the velocity dif-
ference between particles and fluid. Since the force exerted by the fluid on
the particles is equal and opposite to that exerted by the particles on the
fluid, there must be an extra force term, equal in magnitude but opposite
in sign, in the equations of motion for the particles. The distances between
particles are assumed to be so large compared with their diameter that
interparticle reactions need not be accounted for. The effect of pressure,
gravity and magnetic field on suspended particles, assuming large distances
apart, are negligibly small and therefore ignored. If mN is the mass of the
particles per unit volume, then the equations of motion and continuity for
the particles, under the above assumptions, are

mN0
∂~qd

∂t
= KN0 (~q − ~qd) , (3)

∂N

∂t
+ ∇ · (N~qd) = 0 . (4)

Let Cv and Cpt denote the heat capacity of fluid at constant volume and
heat capacity of the particles, respectively. Assuming that the particles
and the fluid are in thermal equilibrium, the equation of energy yields

∂T

∂t
+

mNCpt

ρ0Cv

(

∂

∂t
+ ~qd · ∇

)

T = kT ∇2T . (5)
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The kinematic viscosity, ν, couple-stress viscosity, µ′, thermal diffusivity,
kT , and coefficient of thermal expansion, α, are all assumed to be constants.
The Maxwell’s equations in the presence of Hall currents yield

∂~h

∂t
= ∇ ×

(

~q × ~H
)

+ η∇2~h − C

4πN ′e
∇ ×

[(

∇ × ~h
)

× ~H
]

, (6)

∇ · ~h = 0 , (7)

where η, N ′, and e stands for the electrical resistivity, electron number
density, and the charge of an electron, respectively.

The equation of state for the fluid can be express as

ρ = ρ0

[

1 − α (T − T0)
]

. (8)

The basic motionless solution is

~q = (0, 0, 0) , ~qd = (0, 0, 0) , T = T0 − βz ,

ρ = ρ0 (1 + αβ z) , N = N0 = const. (9)

Assume small perturbations around the basic solution and let δp, δρ, θ,
~h(hx, hy , hz), ~q (u, v, w), and ~qd (l, r, s) denote, respectively, the pertur-
bations in fluid pressure, p, density, ρ, temperature, T , magnetic field,
~H(0, 0, H), fluid velocity, (0, 0, 0), and suspended particles velocity, (0, 0, 0).
The change in density δρ caused mainly by the perturbation θ in temper-
ature is given by

δρ = −αρ0θ . (10)

Then the linearized perturbation equations of couple-stress fluid become

∂~q

∂t
= − 1

ρ0
∇δp + −→g αθ −

(

ν − µ′

ρ0
∇2
)

~q

+
KN0

ρ0
(~qd − ~q) +

µe

4πρ0

[(

∇ × ~h
)

× ~H
]

, (11)

∇ · ~q = 0 , (12)

mN0
∂~qd

∂t
= KN0 (~q − ~qd) , (13)

(1 + h1)
∂θ

∂t
= β (w + h1s) + κ∇2θ , (14)

∇ · ~h = 0 , (15)
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∂~h

∂t
= ∇ ×

(

~q × ~H
)

+ η∇2~h − C

4πN ′e
∇ ×

[(

∇ × ~h
)

× ~H
]

, (16)

where κ = q
ρ0Cv

and h1 =
mN0Cpt

ρ0Cv
.

Eliminating ~qd in Eq. (11) using Eq. (13) as dusty particles velocity is
not very slow ((q − qd) is not very large) and writing the scalar components
of resulting equations and eliminating u, v, hx, hy, and δp between them,
by using Eqs. (12) and (15), we obtain

(

m

K

∂

∂t
+ 1

)

[

∂

∂t
∇2w − gα

(

∂2θ

∂x2
+

∂2θ

∂y2

)

− µeH

4πρ0

∂

∂z
∇2hz

]

+
mN0

ρ0

∂

∂t
∇2w

=

(

m

K

∂

∂t
+ 1

)(

ν − µ′

ρ0
∇2
)

∇2w , (17)







∂

∂t



1 +
mN0

ρ0

(

m
k

∂
∂t + 1

)



−
(

ν − µ′

ρ0
∇2
)







ζ =
µeH

4πρ0

∂ξ

∂z
, (18)

(

H1
∂

∂t
− κ∇2

)

θ = β

(

m

k

∂

∂t
+ H1

)

w , (19)

(

∂

∂t
− η∇2

)

hz = H
∂w

∂z
− CH

4πN ′e

∂ξ

∂z
, (20)

(

∂

∂t
− η∇2

)

ξ = H
∂

∂z
ζ +

CH

4πN ′e

∂

∂z
hz , (21)

where H1 = 1 + h1, ζ = ∂v
∂x − ∂u

∂y is z-component of vorticity and ξ =
∂hy

∂x − ∂hx

∂y is z-component of current density.

3 Normal mode analysis

Analyzing the disturbances into normal modes and assume that the per-
turbation quantities are of the form

[w, hz , θ, ζ, ξ] =
[

W (z) , K (z) , Θ (z) , Z(z), X(z)
]

exp (ikxx + ikyy + nt) ,

(22)
where kx, ky are wave numbers along x and y directions, respectively,

k =
√

(k2
x + k2

y) is the resultant wave number of the disturbances and n
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is the growth rate, W (z), K(z), Θ(z), Z(z), X(z) are defined by Chan-
drasekhar [1].

Using expression (22), Eqs. (17)–(20) in nondimensional form become

[

σ′ + F
(

D2 − a2
)

− 1
] (

D2 − a2
)

W

= −gαa2d2

ν
Θ +

µeHd

4πρ0ν

(

D2 − a2
)

DK , (23)

{

σ′ − d2
[

1 − F
(

D2 − a2
)]}

Z =
µeHd

4πρ0ν
DX , (24)

(

D2 − a2 − H1Pr1σ
)

Θ =
βd2

κ

(

H1 +
τ1ν

κ
σ

)

W , (25)

(

D2 − a2 − Prmσ
)

K = −Hd

η
DW +

cHd

4πN ′eη
DX , (26)

(

D2 − a2 − Prmσ
)

X = −Hd

η
DZ +

cH

4πN ′eηd

(

D2 − a2
)

DK , (27)

where we have nondimensionalized various parameters as follows:

a = kd, σ =
nd2

ν
, τ1 =

τν

d2
, Pr1 =

ν

κ
, Prm =

ν

η
, D =

d

dz
,

F =
µ′

νρ0d2
, σ′ =

n′d2

ν
, H1 = 1 + h1, n′ = n

(

1 +
mN0K/ρ0

mn + K

)

.

After eliminating Θ, Z, X, and K from Eqs. (23)–(27), we obtain

{

[σ′−d2
[

1−F (D2−a2)
]}

(D2−a2)W +
Ra2

(D2 − a2 − H1Pr1σ

(

H1+
τ1ν

κ
σ

)

W

+ Q

[

(D2− a2− Prmσ)
{[

σ′−d21−F (D2−a2)
]}

+QD2

(D2−a2−Prmσ)2 {σ′−d2 [1−F (D2−a2)]}+Q(D2−a2−Prmσ)D2

− M
{

σ′ − d2
[

1 − F (D2 − a2)
]}

(D2 − a2)D2

]

DW = 0 , (28)

where Q = µeH2d2

4πρ0νη is Chandrasekhar number, R = gαβd4

νκ is thermal Rayleigh

number, and M =
(

H
4πN ′eη

)

is the nondimensional number accounting for

Hall currents.
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Consider the case in which both the boundaries are free, the medium ad-
joining the fluid is perfectly conducting and temperatures at the boundaries
are kept fixed. The boundary conditions, appropriate for the problem, are

W = 0 , Z = 0 , Θ = 0 and D2W = 0 , D4W = 0 at z = 0 and z = 1. (29)

The proper solution of Eq. (29) characterizing the lowest mode is

W = W0 sin π z , (30)

where W0 is a constant. Substituting the proper solution, Eq. (30), in
Eq. (28), we obtain the dispersion relation

R1x

(1 + x + iH1Pr1σ1)

(

H1 +
τ1v

κ
σ

)

= Q1

[

(1 + x + iPrmσ1) {iσ′ + [1 + F1(1 + x)]} + Q1

(1 + x + iPrmσ)2 {iσ′ + [1 + F1(1 + x)]} + Q1(1 + x + iPrmσ1)

− M
{

iσ′+[1+F1(1+x)]
}

(1+x)−
{

iσ′+[1+F1(1+x)]
}

(1+x)

]

, (31)

where: R1 = R
π4 , iσ1 = σ

π2 , Q1 = Q
π2 , and F1 = π2F .

4 Stationary convection

At stationary convection, when the instability sets, the marginal state will
be characterized by σ = 0. Thus, putting σ = 0 in Eq. (31), we get

R1 =
Q1

xH1

[

(1 + x) [1 + F1 (1 + x)] + Q1

(1 + x) [1 + F1 (1 + x)] + Q1 − M [1 + F1 (1 + x)]

]

+
(1 + x)2 [1 + F1 (1 + x)]

xH1
. (32)

The above relation expresses the modified Rayleigh number R1 as a function
of the parameters Q1, H1, F1, M, and dimensionless wave number x. To
study the effect of magnetic field, dust particles, couple stresses and Hall
currents, we examine the nature of dR1

dQ1
, dR1

dH1
, dR1

dF1
, and dR1

dM analytically.
Equation (32) gives:

dR1

dQ1
=

1

xH1

[

(1 + x) [1 + F1 (1 + x)] + Q1

(1 + x) [1 + F1 (1 + x)] + Q1 − M [1 + F1 (1 + x)]

]

− 1

xH1

MQ1 [1 + F1 (1 + x)]

{(1 + x) [1 + F1 (1 + x)] + Q1 − M [1 + F1 (1 + x)]}2 , (33)
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Figure 2: Variation of Rayleigh number, R1, and magnetic field, Q1, for a fixed H1 = 0.1,
F1 = 0.1, M = 6 for different values of wave numbers and magnetic field
parameter.

which shows that magnetic field has a stabilizing or destabilizing effect ac-
cording to (1+x) [1+F1 (1+ x)]+Q1 is greater or less than M [1+F1 (1+ x)].
This result, illustrated in Fig. 2, is in agreement with the result obtained
by Aggarwal and Makhija [17], Kumar and Kumar [16].

dR1

dH1
= − Q1

xH2
1

{

(1 + x) [1 + F1 (1 + x)] + Q1

(1 + x) [1 + F1 (1 + x)] + Q1 − M [1 + F1 (1 + x)]

}

−(1 + x)2 [1 + F1 (1 + x)]

xH2
1

, (34)

which clearly shows that dust particles have destabilizing effect on thermal
instability in a couple-stress fluid. This result is also evident from Fig. 3 and
is same as observed by Aggarwal and Makhija [17], Kumar and Kumar [16].

dR1

dF1
=

Q1 (1 + x)

xH1

×
{

(1+x)
[

(1+x) [1+F1 (1+x)]+Q1−M [1+F1 (1+x)]
]

−

[

(1 + x) [1 + F1 (1 + x)] + Q1

][

1 + x − M
]

[

(1 + x) [1 + F1 (1 + x)] + Q1 − M [1 + F1 (1 + x)]
]2 + 1











. (35)
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From Eq. (35), it follows that couple stresses have stabilizing effect on the
system which is clear from Fig. 4.

Figure 3: Variation of Rayleigh number, R1, and dust particles, H1, for a fixed Q1 =
1, F1 = 1, M = 10 for different values of wave numbers and dust particle
parameters.

Figure 4: Variation of Rayleigh number, R1, and couple stresses, F1, for a fixed Q1 = 5,
H1 = 1, M = 1 for different values of wave number and couple stresses.
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dR1

dM
= − Q1

xH1

{
[

(1 + x) [1 + F1 (1 + x)] + Q1

][

1 + F1 (1 + x)
]

[

(1 + x) [1 + F1 (1 + x)] + Q1 − M [1 + F1 (1 + x)]
]2

}

.

(36)
From Eq. (36) can be observed that Hall currents have destabilizing effect
on the system which is in agreement with Fig. 5. This result is same as
obtained by Singh and Dixit [15]. The reason for destabilizing effect of Hall
currents is accounted by Chandrasekhar [1].

Figure 5: Variation of Rayleigh number, R1 and Hall currents, M for a fixed Q1 = 3000,
H1 = 1, F1 = 1 for different values of wave number and Hall currents.

5 Stability of the system and oscillatory modes

To determine under what conditions the principle of exchange of stabilities
(PES) is satisfied (i.e., σ is real and the marginal states are characterized
by σ = 0) and oscillations come into play, we multiply Eq. (23) with W ∗

(complex conjugate of W) and integrate over the range of zand making use
of Eqs. (24)–(27) together with the boundary conditions (29) and then we
get

(

1 − σ′) I1 − FI2 +
gακa2

βν

(

H1 +
τ1ν

κ
σ∗
)−1

(I3 + H1Pr1σ∗I4)

− µeη

4πρ0ν
(I5 + Prmσ∗I6) +

µeηd2

4πρ0ν
(I7 + Prmσ∗I8)

+ d2[ (σ′ − 1
)

I9 − FI10

]

= 0 , (37)
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where:

I1 =
∫ (

|DW |2 + a2 |W |2
)

dz , I2 =
∫

(

∣

∣D2W
∣

∣

2
+ 2a2 |DW |2 + a4 |W |2

)

dz ,

I3 =
∫ (

|DΘ|2 + a2 |Θ|2
)

dz , I4 =
∫

|Θ|2 dz ,

I5 =
∫

(

∣

∣D2K
∣

∣

2
+ 2a2 |DK|2 + a4 |K|2

)

dz , I6 =
∫ (

|DK|2 + a2 |K|2
)

dz ,

I7 =
∫ (

|DX|2 + a2 |X|2
)

dz , I8 =
∫

|X|2 dz ,

I9 =
∫

|Z|2 dz , I10 =
∫ (

|DZ|2 + a2 |Z|2
)

dz ,

and σ∗ is complex conjugate of σ. The integrals I1 − I10 are all positive
definite. Putting σ = iσi (σ∗ = −iσi) in Eq. (37) and equating imaginary
parts, we obtain

σi

[

I1+
gακ2a2

βτ1ν2
I3+

gακa2

βν
Pr1I4− µeη

4πρ0ν
PrmI6 +

µeηd2

4πρ0ν
PrmI8−d2I9

]

= 0 .

(38)
It is clear from Eq. (38) that σi (growth rate parameter) may be zero or
nonzero, which implies that modes may be nonoscillatory or oscillatory.
In the absence of magnetic field (hence Hall currents) and dust particles,
Eq.(38) reduces to

σi

[

I1 +
gακ2a2

βτ1ν2
I3 +

gακa2

βν
Pr1I4 +

µeηd2

4πρ0ν
PrmI8

]

= 0 . (39)

The terms in the bracket are positive definite. Thus σi = 0 which means
that the oscillatory modes are not allowed and the principle of exchange of
stabilities is satisfied in the absence of magnetic field (hence Hall currents)
and dust particles.

6 Conclusions

In this paper, the effect of Hall currents and dust particles has been con-
sidered on the thermal instability of a couple-stress fluid. The effect of
various parameters such as magnetic field, dust particles, couple-stresses
and Hall currents has been investigated analytically as well as graphically.
The principal conclusions from the analysis are:

1. In order to investigate the effects of magnetic field, dust particles,
couple-stresses and Hall currents, we examine the behaviour of dR1

dQ1
,

dR1
dH1

, dR1
dF1

, and dR1
dM analytically.
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2. It is found that magnetic field has a stabilizing or destabilizing ef-
fect according to (1 + x) [1 + F1 (1 + x)] + Q1 is greater or less than
M [1 + F1 (1 + x)]. This result is also verified from Fig. 2.

3. The dust particles and Hall currents have destabilizing effect on the
system. The reason for destabilizing effect of Hall currents is ac-
counted by Chandrasekhar [1].

4. The couple-stresses have stabilizing effect on the system.

5. The principle of exchange of stabilities is satisfied in the absence of
magnetic field (hence Hall currents) and dust particles.

Received 5 June 2013
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Abstract This study is focused on experimental investigation of selected
type of brazed plate heat exchanger (PHEx). The Wilson plot approach was
applied in order to estimate heat transfer coefficients for the PHEx passages.
The main aim of the paper was to experimentally check ability of several
correlations published in the literature to predict heat transfer coefficients
by comparison experimentally obtained data with appropriate predictions.
The results obtained revealed that Hausen and Dittus-Boelter correlations
underestimated heat transfer coefficient for the tested PHEx by an order of
magnitude. The Aspen Plate code overestimated heat transfer coefficient by
about 50%, while Muley-Manglik correlation overestimated it from 1% to
25%, dependent on the value of Reynolds number and hot or cold liquid side.

Keywords: PHEx; Wilson method; Correlations

Nomenclature

A – heat transfer area, m2

c – specific heat, kJ/(kg K)
C – constant in the Wilson plot approach

∗Corresponding Author. E-mail: jcieslin@pg.gda.pl



20 J.T. Cieśliński, A. Fiuk, K. Typiński and B. Siemieńczuk

d – diameter, m
G – width of a plate, m
Gz – Graetz number
k – overall heat transfer coeffcient, W/(m2K)
L – height of a plate, m
ṁ – mass flow rate, kg/s
n – exponent in the Wilson plot approach
N – number of plates
Nu – Nusselt number
Pr – Prandtl number

Q̇ – heat flow rate, W
Re – Reynolds number
s – distance between plates, m
t – temperature, ◦C
V̇ – volume flow rate, m3/s
w – velocity, m/s

Greek symbols

α – heat transfer coefficient, W/(m2K)
β – chevron or corrugation angle, deg
δ – thickness of a plate, m
λ – thermal conductivity, W/(mK)
ρ – density, kg/m3

η – dynamic viscosity, m Pa s
∆t – temperature difference, K

Subscripts

1 – hot fluid
2 – cold fluid
’ – inlet
” – outlet
exp – experimental
h – hydraulic
log – logarithmic
pl – plates
w – wall

1 Introduction

A plate heat exchanger (PHEx) is a compact heat exchanger which provides
many advantages and unique application features. These include flexible
thermal sizing, easy cleaning for sustaining hygienic conditions, achieve-
ment of close approach temperatures due to their pure counter flow opera-
tion, and enhanced heat transfer performance.

The brazed plate heat exchanger consists of a pack of pressed plates
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brazed together, completely eliminating the use of gaskets, end frames, and
bolts from the design. Instead, the plates are held together by brazing with
copper under vacuum. This results in a much less complicated, lighter
weight and more compact heat exchanger. Brazing of the corrugated,
gasket-free plates together causes the two fluids to be directed through
alternating channels between the plates. Their simple design also results
in greatly reduced shipping and installation cost.

Apart from the above features, the brazed plate heat exchangers also
have exceptional strength and durability. This is due to the fact that, in
addition to sealing around the periphery of the plates, the internal con-
tact points are also brazed together at thousands of contact points in each
unit which admits them to operate at higher pressures and temperatures
than gasketed units. The operating temperature of brazed heat exchangers
ranges from −195 ◦C to 350 ◦C, and their maximum operating pressure is
4.5 MPa [1]. However, today’s new testing methods allow brazed units to
operate up to 6 MPa pressure conditions [2,3]. Recently, plate heat ex-
changers have found application in high temperature power system with
solid oxide fuel cells [4].

The thermal-hydraulic performance of plate heat exchangers is strongly
influenced by the plate surface corrugation patterns in the plate pack they
are fitted with. Heat transfer plates are normally produced by stamping
specially designed corrugations on the surface of thin metallic sheets. The
corrugated plates used in plate heat exchangers can be manufactured from
any metal or alloy that can be pressed, cold formed or welded.

When the plates are assembled in a stack, the corrugations on the ad-
joining plates form interrupted flow passages, and these intercorrugation
flow paths promote enhanced convective heat transfer coefficients and de-
creased fouling characteristics. The corrugations also increase the effective
surface area for heat transfer as well as plate rigidity, and the multiple
metal-to-metal contact points between adjacent plates lend greater me-
chanical support to the stack.

The thermal-hydraulic design of plate heat exchangers is essentially sim-
ilar to the general methodology employed for designing any other type of
exchanger. The major design considerations may include:

• process/design or problem specifications;

• thermal and hydraulic design;

• mechanical/structural design, and operation and maintenance con-
straints;
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• manufacturing considerations and cost;

• trade-off factors and system-based optimization.

Extensive effort has been made in the past to experimentally investigate
the heat transfer characteristics of plate heat exchangers. Data have been
published for different types of chevron, herringbone and wash board plate
heat exchangers [5–8]. However, the heat transfer enhancement charac-
teristics of plate heat exchangers could be fully utilized in the industrial
applications only if accurate correlations are available for Nusselt number
and frictional pressure drop with all the necessary details. Although sev-
eral single phase heat transfer correlations are available in the literature on
plate heat exchangers [6,9–10], lack of data is still a kind of barrier in the
use of plate heat exchangers in industry.

This study is focused on experimental investigation of selected type of
brazed plate heat exchanger. The Wilson plot approach was applied in
order to estimate heat transfer coefficients for the PHEx passages. The
main aim of the paper was to experimentally validate Hausen [11], Dittus-
Boelter [11] and Muley-Manglik [5] correlations by comparison experimen-
tally obtained heat transfer coefficients with appropriate predictions. Addi-
tionally, commercial Aspen Plate code was used to determine heat transfer
coefficients inside the PHEx channels [12].

2 Experimental apparatus and procedure

2.1 Experimental facility

The test stand – shown in Fig. 1, consists of four main systems: tested
PHEx, heating water loop, cooling water loop and data acquisition system.
Heating water flow rate was measured by Coriolis mass flowmeter of the
type MASS2100 having an accuracy of ±0.15% of the actual flow rate.
Cooling water flow rates were controlled by a regulating valve and were
measured by the Danfoss MAG 1100 magnetic flowmeter, which is accurate
to ±0.25%. The average temperatures of the heating and cooling water at
the inlets and outlets of the PHEx were measured using the Pt100 resistance
temperature gauging device with an accuracy of ±0.1◦C. The pressure drop
of both cooling and heating water was measured by PELTRON of the type
NPXD 1 pressure transducers accurate to ±0.3%. The volume flow rate
of the cold water and hot water varied from 0.6 m3/h to 1 m3/h. The
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temperature of the cold water and hot water varied from 40 ◦C to 64 ◦C
and from 48 ◦C to 72 ◦C, respectively.

Figure 1: Scheme of the experimental setup: 1 – plate heat exchanger; 2,3,4,5 – ther-
moelements; 6,7,8,9 – pressure transducers; 10,11 – magnetic flowmeters;
12,13,14,15 – pumps; 16 – set of gauges; 17 – hot water tank; 18 – cold water
tank; 19 – cooler; 20 – heating system; 21- set of inverters; T – thermoelement;
P – pressure transducer.

2.2 Tested plate heat exchanger

Experiments were carried out using a brazed plate heat exchanger (Fig. 2)
type LA22-20 with commercial chevron plates made of stainless steel with
chevron angle, β, of 61◦ [13]. The characteristic dimensions of the plates
were 0.08×0.3×0.0003 m with the distance between the plates, δ, 0.002 m.
The surface area of the tested PHEx was equal to A = 0.418 m2 while the
surface enlargement factor for all the plates was equal to 1.117. Plates were
installed, providing two fluid streams in counter flow arrangement as shown
in Fig. 2.

2.3 Wilson plot method

In order to estimate heat transfer coefficients on both sides of the wall sepa-
rating fluid exchanging heat installation of thermocouples for measurement
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Figure 2: View of tested heat exchanger.

of wall temperature separating two fluids is required. If the recuperator has
a complex geometry or as in present study is designed as a set of plates that
are hermetically closed, then accurate measurement of the wall tempera-
ture faces significant difficulties. In such cases heat transfer coefficients can
be predicted if the method due to Wilson plot is applied [14]. The method
is simple and has a wide potential for applications of different types of heat
exchangers [15–17]. The classical Wilson method, as well as its modifi-
cations, requires only determination of the overall resistance in the heat
exchanger and hence an accurate energy balance, based on measurement
of flow rates of fluids exchanging heat and their mean temperature at inlet
and outlet from heat exchanger.

Assuming that the overall heat transfer coefficient is known and deter-
mined from the energy balance in the form

kexp =
Q̇

A∆tlog
, (1)

where heat flow rate reads

Q̇1 = ṁ1c1

(

t
′

1 − t
′′

1

)

= Q̇2 = ṁ2c2

(

t
′′

2 − t
′

2

)

. (2)
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The logarithmic mean temperature difference is calculated as

∆tlog =

(

t
′

1 − t
′′

2

)

−
(

t
′′

1 − t
′

2

)

ln
(t

′

1−t
′′

2 )
(t

′′

1 −t
′

2)

, (3)

and mass flow rate is equal to

ṁ1 = ρ1V̇1 , and ṁ2 = ρ2V̇2 . (4)

The heat transfer coefficients for ṁ1 = const. and ṁ2 = var can be calcu-
lated as

α1 = const., α2 = C2wn2
2 , (5)

where α1 and α2 are heat transfer coefficients for hot and cold water at
relevant mass flow rate, respectively, w2 is the cold water velocity and n2

– coefficient depending on the convective heat transfer regime. In the case
of turbulent flow inside passages n = 0.8. For the case when ṁ1 = var and
ṁ2 = const. heat transfer coefficients can be calculated as

α1 = C1wn
1 , α2 = const . (6)

Constants C1 and C2 are determined using the linear regression method of
the least squares method, where the squares of vertical distances between
experimental points and a regression line are considered to find minimum
value of squares. Knowledge of constants C1 and C2 enables determina-
tion, for the same series of investigations, of a one value of heat transfer
coefficient α1 as well as a sequence of values for the heat transfer coefficient
α2. The minimum value of the correlation coefficient was equal to 0.89514.

2.4 Methods of heat transfer coefficient calculation

In [9] two correlations have been proposed for calculation of an average
heat transfer coefficient in PHEx passages:

• Hausen correlation

Nu = 3.66 +
0.0668Gz

1 + 0.04Gz2/3
, (7)

where Graetz number is defined as

Gz = RePr
dh

L
, (8)
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• Dittus-Boelter correlation

Nu = 0.023Re0.8Prn , (9)

where exponent n = 0.4 for fluid heating and n = 0.3 for fluid cooling.

In this paper Muley and Manglik correlation [5]

Nu = C (β) (Re0.728+0.0543 sin[(2πβ/90)+3.7]Pr1/3 (η/ηw)0.14 , (10)

where
C (β) = 0.2668 − 0.006967β + 7.244 × 10−5β2 (11)

was tested as well, where β represents chevron angle. Reynolds number is
calculated as

Re =
wdhρ

η
, (12)

where hydraulic diameter dh = spl, and spl is the distance between plates.
Average velocity in PHEx passages reads

w =
ṁ

GsplρNz
, (13)

where Nz is the number of cold or hot passages.

3 Results and discussion

Figure 3 shows the comparison of the average heat transfer coefficient for
hot water passages, for the case when ṁ1 = const. and ṁ2 = var. It is
seen in Fig. 3 that Hausen correlation and Dittus-Boelter correlation dra-
matically underpredict values of the average heat transfer coefficient, while
the Aspen Plate code overestimates heat transfer coefficient by about 50%.
Only Muley and Manglik correlation Eq. (10) predicts the heat transfer co-
efficient reasonably well. The discrepancy between the predictions and ex-
perimental results obtained by use of Wilson method does not exceed 10%.

Figure 4, in turn, shows the comparison of the average heat trans-
fer coefficient for cold water passages, for the case when ṁ1 = var and
ṁ2 = const. Similarly as for hot water side, Hausen and Dittus-Boelter
correlations dramatically underpredict values of the average heat transfer
coefficient – even by an order of magnitude, while the commercial Aspen
Plate code overestimates heat transfer coefficient by about 10%. Again,
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Figure 3: Hot water side heat transfer coefficient; N – Eq. (7), x – Eq. (9), * – Eq. (10),
� – Aspen Plate code, � – Wilson approach.

only Muley and Manglik correlation Eq. (10) predicts the heat transfer
coefficient reasonably well. The discrepancy between the predictions and
experimental results obtained by use of Wilson method does not exceed
30%.

4 Conclusions

The study revealed that proper selection of the correlation equation for heat
transfer coefficient estimation in hot and cold passages of the PHEx is of
primary importance in correct choice of plate heat exchanger. Particularly:

• Hausen and Dittus-Boelter correlations are not recommended to be
used in calculation of heat transfer coefficient in passages of PHEx.
It is necessary to remember, that Hausen and Dittus-Boelter correla-
tions have been originally developed for forced convection in straight
smooth tubes. It is possible to use both correlations for channels with
different cross sections using equivalent (hydraulic) diameter. How-
ever heat transfer in small passages between plates is enhanced by
strong local turbulence resulting from corrugations. Therefore both
correlations dramatically underestimate values of heat transfer coef-
ficients in passages between corrugated plates.
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Figure 4: Cold water side heat transfer coefficient; N – Eq. (7), x – Eq. 9), * – Eq. (10),
� – Aspen Plate code, � – Wilson approach.

• Present data show that in order to accurately estimate heat transfer
coefficient in passages of PHEx, correlation equation specially dedi-
cated for such sophisticated geometry should be applied. Particularly,
such correlation equation should contain details of the plate geometry,
like chevron or corrugation angle, corrugation depth, mean channel
spacing or corrugation pitch.

• Wilson plot method seems to be a reliable tool in examination of plate
heat exchangers.

Received 25 June 2015
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Abstract The role of the addition of nitrogen to the discharge plasma of
CO lasers on thermodynamic properties and composition of the laser active
medium is discussed here. It is shown that nitrogen addition improves laser
characteristics and changes the composition of the laser active medium.
The addition of nitrogen significantly decreases CO dissociation level and
concentrations of C atoms created in plasma-chemical reactions of laser
discharge.
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1 Introduction

The processes of molecular dissociation and following plasma-chemistry,
changing the composition of laser active-medium and laser characteris-
tics, determine the long-term and effective operation of molecular sealed-off
lasers (working without the gas exchange in the laser discharge tube).

These processes are extremely important for a CO-laser operation. The
vibrationally excited CO(X1Σ,v) molecules, involved in the laser-radiation
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generation, hardly relax during collisions with initial component of the
active mixture, however the ratio of their relaxation could significantly in-
crease when collision partners are some products of the above mentioned
plasma-chemical processes [1]. It is well known (see e.g. [2] and the refer-
ences therein), that sealed-off CO-lasers usually apply mixtures with signifi-
cant concentrations of nitrogen, which support better energy-characteristics
and improve long-life performance of the laser.

Addition of nitrogen molecules to the laser active-mixture results in
the increase of population of vibrationally excited CO molecules due to
vibrational-vibrational (VV′) relaxation processes, where V′ denotes vi-
brations of other molecule. However, there are some important indicators
pointing to the fact that improvements of CO-laser operation after nitrogen
addition does not necessary result from additional mechanism of CO states
excitation. An addition of nitrogen to He-CO mixture leads to a significant
change in plasma-chemical products. Firstly, some new nitrogen-containing
products appear: N atoms, molecules CN, NO, etc. Secondly, the nitrogen
and nitrogen-containing products influence plasma composition of initial
He-CO mixture.

Up to now the influence of nitrogen on plasma-chemistry of CO laser
has rarely been investigated. There is a lack of comprehensive models
for plasma-chemistry of He-CO-N2 mixtures (except some common feature
with plasma of CO2 laser [3–5]), which would help to estimate the level of
degradation of the initial laser mixture. However, it has been shown in [5]
that a CO2 laser plasma with a high nitrogen content, 30%<[N2]< 50%,
ensuring proper storage of the vibrational energy in CO2 lasers, is charac-
terized by a low electron temperature and thus, small chemical reactivity,
i.e., a small level of CO2 dissociation. From the investigations it follows
that mixture decomposition decreases with an increase of N2 content in the
CO2 laser mixtures. In contrast, electron temperature does not decrease
after nitrogen additions to He-CO plasma. The temperature is constant or
even slightly increases (up to 15%).

However, there is a small amount of experimental data on products
of plasma-chemistry in such discharges and on products’ dependence on
experimental conditions and discharge time-duration. The concentrations
of CN molecules have been measured in flowing He = CO − N2 discharges
[6–8] and in sealed-off systems, and theoretically determined based on a
model of plasma-chemical processes – see [9]. Unfortunately, dependence
of other plasma-chemical products in CO-laser medium on experimental
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conditions were not studied. In order to proceed with the development
of plasma-chemistry models for CO-laser-medium and to estimate how
plasma-chemistry products influence CO-vibrational-state populations it
is important to determine the parameters of active mixtures including tem-
peratures (gas and vibrational) and CO-vibrational-state populations.

Thus, the aim of this work is to determine the influence of nitrogen addi-
tions to He-CO mixtures on thermodynamic characteristics, CO-vibrational-
states populations and products of plasma-chemistry in laser tube dis-
charges. The experiments were performed under conditions typical for
discharge tubes of CO-laser working in sealed-off and gas flowing regimes.

2 Experimental set-up

Experimental set-up has been described already in a previous work [9].
The water-cooled discharge tube from molybdenum glass, 17 mm in di-
ameter, was used in the experiment. The lengths of discharge zone was
50 cm. Hollow cylindrical electrodes from tantalum were installed in the
side branches of the discharge tube at a distance of 4 cm from its axis.
A discharge was excited using DC currents of 10–100 mA. The experiment
was performed for initial He-CO and He-CO-N2 mixtures. The relative CO
and N2 concentrations were varied in the range 3–15%. Gas pressure was
set at 0.67–2 kPa. The setup can work in sealed-off and gas-flowing regimes
(gas velocities 1–3 m/s were applied).

Initially, the gas mixtures used in the experiments were carefully pu-
rified by using a system of traps with silica-gel and zeolite. The mixture
composition in the discharge tube was analyzed with a MSC-6 time-of-
flight mass-spectrometer [7]. Periodically repeated gas probing from the
discharge tube enabled the control of time evolution of stable product con-
centrations in the laser-discharge plasma.

The emission spectra from the discharge positive-column was registered
using a spectrometer in the range 300–6000 nm, in order to determine the
respective populations of vibrationally excited states of CO(X1Σ) and gas
temperature along the symmetry axis of the discharge tube as well as its
radial profile. The determination was done by analysing the rotational
structure of CO vibrational bands. The emission spectra also enabled the
determination of electronically excited particles in the plasma of the gas
discharge.

The vibrational distribution of CO molecules in the ground electronic
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state (X1Σ) was determined from the spectra of IR (infrared) molecular
emission at the (v→ v − 1) fundamental frequency, and the first (v→
v − 2) overtone.

The analysis of the emission spectra enabled the determination of the
gas and vibrational temperatures as well as the concentrations of the elec-
tronically excited particles in the gas-discharge plasma. During the exper-
iment the overtones emission was registered from neighbourhood of sym-
metry axis (∼ 3 mm) in the discharge positive column. The spectra were
studied using a Czerny-Turner monochromator with a diffraction grating of
300 and 1200 lines/mm. Cooled (by liquid nitrogen) photoresistors HgCdTl
and uncooled InSb were used as photodetectors.

Lack of cataphoresis significant influence during measurements in sys-
tems without gas flows was proved. It was confirmed by registering He line
intensities and CO molecular band at various points along the symmetry
axis of the discharge tube using an optical waveguide.

The electric field in the discharge was determined by measuring the volt-
age drops across the discharge gap and the electrode sheaths. The electrode
sheath voltages were found from the voltage measurements in experiments
with different discharge lengths. A typical electrode sheath voltage was
350–400 V. The estimated value of the reduced electric field E/N (where
E is electric field and N is concentration of neutral particles) was (2.1–
3.2) 10−16 V cm2.

For determination of absolute emission intensities, etalon lamps SI-8-
220U and SR-2-32-RM were used. The plasma radiation was collected from
the central region of discharge 2–3 mm in diameter.

The concentration of carbon atoms in the ground state was determined
from absolute values of population of electronic excited states [1]. The
method is based on knowledge of population of electrically excited states,
which under experimental conditions applied here are excited mainly by
direct collision from ground state and decay in radiation processes. Thus
concentration of carbon in ground state can be determined from the simple
balance equation:

[M0] = [M∗]A/(neK1) ,

where: M∗ – a molecule in an excited state, A – Einstein coefficient for
excited state, ne – electron density in plasma discharge, and K1 is the rate
constant for carbon excitation by electron impact. Symbol [...] stand for
concentration and asterisk (*) denotes excited state. For carbon atoms we
used state 2p3p1P1 by measuring 1.45 µm IR line intensity.
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The population of CN in ground state was calculated from absorption
spectra [9]. We have employed the method of two identical light sources.
As a light source we used a discharge identical to the one we were investi-
gating. It allows for a complete overlap of emission and absorption contours
of both systems. The line of R-band of K ′′ = 9 transition (0,0) violet sys-
tem CN(B2Σ →X2Σ) was used as in [2], where K ′′ is rotational quantum
number.

Measurements of discharge concentrations of (CO, CO2, C, CN, N2)
species and their dependence on experimental conditions were compared
with results of calculations. The electron energy distribution functions
(EEDF) were calculated for our conditions by Kochetov using the method
described in [10].

The values of reduced electric field E/N and gas temperature was as-
sumed in the model from experimental data. Electron density was deter-
mined from current and calculated value of electron drift velocity.

The measurements where performed for CO-laser-generation regime and
without laser-radiation generation. In order to enforce laser generation
a resonator in flat/spherical configuration was applied. A fully reflecting
metallic mirror (from steel covered with gold) had 5 m curvature radius.
The exit mirror (with transmission 85–95%) was a flat plate from CaF2 or
ZnSe covered by dielectric multilayer. Laser energy characteristics under
the gas-flow regime were: power 0.4 W and electro-optic efficiency η = 10%;
under sealed-off regime 0.2 W and η = 4.8%, respectively. The resonator
was not optimised for the generation conditions.

3 Results and discussion

Measurements showed that a nitrogen addition to the He-CO laser medium
results in substantial increase of CO vibrational temperatures. This should
be related to transfer of vibrational energy from nitrogen to carbon oxide
due to VV′ exchange. As a result a stationary state is realised in the laser
medium, with a high level of vibrational energy in CO molecules.

Table 1 presents results of vibrational temperature (T1) determination:

T 1 = E1/ ln(N0/N1), (1)

where: E1 – energy of the first excited vibrational state, N0 and N1 –
populations of the ground and first excited vibrational state of CO molecule.
The normal font numbers correspond to measurements in the gas flowing
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regime, while numbers in bold font to sealed-off regime. As can be seen, the
values for both regimes are relatively close. Reproducibility of the results
was estimated as 10%.

Table 1: The CO vibrational temperature under different conditions.

Pressure 0.67 kPa 1.33 kPa

Mixture/Current 50 mA 60 mA 70 mA 50 mA 60 mA 70 mA

He-CO=95:5 1750/1700 1800 1950 1700/1600 1850 1800

He-CO=91:9 1700 1700 1800 1700 1800 1800

He-CO-N2 = 95:3:2 2850/2700 2800 2800 2700/2600 2750 2750

He-CO-N2 = 95:4:1 2450/2400 2400 2500 2500/2400 2650 2650

Nitrogen in the mixture increased populations of CO excited vibrational-
states, and this effect grows with the considered nitrogen concentrations.
The laser generation was observed in He-CO-N2 mixtures (at the level
0.4 W) but it wasn’t observed when nitrogen was absent in the mixture
under any considered experimental conditions.

It was found that a decrease of CO vibrational states-populations in
the mixtures containing nitrogen proceeds under much higher energy in-
puts (currents) than in the mixtures without nitrogen. Figure 1 presents
CO vibrational energy distributions for mixtures He-CO and He-CO-N2 for
different currents. It can be seen that populations in the He-CO-N2 mix-
ture fall with current value significantly slower. The populations fall when
current value exceed 20 mA, the optimal current value under considered
conditions.

It should be pointed out that the gas temperatures measured (near sym-
metry axis) in both mixtures He-CO and He-CO-N2 were similar and vary
in the range 360–480 K. These temperatures do not depend on gas flow.

One of the main causes of the smaller decrease of CO vibrational states-
populations under increase of current value in the mixtures with nitrogen
is probably related to lower CO-dissociation level (measured value) and
lower concentrations of plasma-chemical products. Level of dissociation
15 min. after discharge was commenced is shown in Fig. 2. (∆[CO]/[CO]0,
where [CO]0 is the concentration of CO molecules in initial mixture, and
∆[CO] is the change of CO concentration in discharge). A significantly
lower CO-dissociation level is registered after nitrogen addition. Besides,
it can be seen that the experimental values of CO dissociation level are
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Figure 1: Populations of CO vibrational states in He-CO and He-CO-N2 mixtures with-
out laser-radiation generation at various discharge currents: black full circles
– He:CO = 91:9 mixture; open circles – He:CO:N2 = 91:4:5 mixture; curves 1
– current I = 25 mA, 2 – I = 40 mA; pressure P = 1.6 kPa.

significantly lower than those determined by calculation. At the same time,
the calculated values of CO dissociation level for both mixtures are close
to each other (full and dotted curves in Fig. 2). It is well known that the
balance of CO concentrations in sealed-off discharge regimes should take
into account three basic processes [1]:

• CO dissociation

CO + e → C + O+e , (2)

CO + CO(a3Π) → CO2 + C , (3)

• heterogeneous recombination of oxygen and carbon atoms

C + Ow → CO or O + Cw → CO , (4)

where index w describes atoms adsorbed at the wall.
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The process of CO dissociation in collisions with metastable He states

He(m) + CO → He + C + O (5)

could be neglected under our case conditions, as the concentration of He
atoms in metastable states is small.
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Figure 2: CO dissociation level as function of current 15 min after discharge turned-on:
1 – pressure P = 0.8 kPa, He-CO=95:5 mixture, full black circles – experiment,
full curves – calculations; He-CO-N2 = 95 : 3 : 2 mixture, full black triangles
– experiment, dotted curves – calculations; 2 – pressure P = 1.33 kPa, He-
NO=91:9 mixture – full black circles – experiment, full curves – calculations;
He-CO-N2 = 91 : 3 : 6 mixture, full black triangles – experiment, dotted curves
– calculations.

The rates of dissociation in processes (2) and (3) do not change when
nitrogen is added to the mixture, i.e., decrease in the CO dissociation level
can be explained by rates for heterogeneous recombination (4). Such change
of rates for process (4) could result from change of conditions on discharge-



Influence of nitrogen on thermodynamic properties. . . 39

tube-wall surface under nitrogen addition. It could be related partly to
CN-molecules and CnNm polymers deposit on the walls.

The concentration of CO2 molecules, which are created in laser dis-
charge plasma, does not strongly depend on nitrogen addition and under
the conditions considered here it was 5–10% of [CO] concentration. The
CO2 molecules in discharge plasmas of He-CO and He-CO-N2, under the
conditions considered here, are created in process (3) and destroyed in dis-
sociation by electron impact

CO2 + e → CO + O+e . (6)

Measurements showed that after nitrogen addition, the concentration of
atomic carbon in discharge plasma decreases by 30–50%. They are created
during the process (2) and (3) but are removed from plasma by diffusion
to the wall.
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Figure 3: Carbon atom concentration as function of discharge 15 min after discharge
turned-on: pressure P =1.6 kPa; symbols – experimental data, curves – calcu-
lations.

Figure 3 presents atomic C concentration measured in plasma and cal-
culated using experimental data on concentrations of CO molecules. It
is clearly seen that experimental data (points) for nitrogen-free mixtures
agree well with calculated values (full curve). For the mixtures containing
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nitrogen, experimental data are significantly lower than those calculated
(dotted curve). Decrease of atomic carbon concentration after nitrogen
additions in the He-CO mixture, can result from existence of additional
processes with participation of atoms and carbon molecules. These include
the following reactions:

C + N2 + M → products , (7)

C + NO → products . (8)

The rate constant of reactions (7) and M = Ar equals K7 = 3×10−33 cm−6/c
[11]. These values for reaction (7) are large enough to influence the rate of
carbon losses in the discharge.

Process (8) has an even more pronounced effect on atomic carbon, as
its rate is close to a gasdynamic one (collision rate) [12,13]. In order for
reaction (8) to significantly influence carbon losses it is sufficient that the
concentration of NO molecules is of the order 5×1011 cm−3. The NO was
not registered in the experiment mass spectra but method sensitivity to NO
does not exceed 2×1012 cm−3, i.e., their existence in large enough quantity
could not be excluded.

Besides, in He-CO-N2 discharge plasmas CN molecules appear. Their
concentration varies in the range 8×1012 – 3×1013 cm−3 under the condi-
tions considered here. Figure 4 presents the measured and calculated values
of CN concentrations as a function of discharge current. It can be seen that
the measured and calculated values agree very well. Plasma-chemical pro-
cesses determining CN concentration are described in [9] in detail. It was
found that the CN molecules under conditions characteristic for discharge
plasma of CO lasers are produced in processes

CO(X1Σ) + N2(A3Σ+, v ≥ 2) → CN(X2Σ) + NO(X2Π) , (9)

CN(A2Π) → CN(X2Σ) + hν , (10)

The CN(X2Σ) molecule is lost due to diffusion and deposition on the wall-
surface as well as in reaction with nitrogen atoms:

CN(X2Σ) + N → C + N2 . (11)

The CN molecules is excited to A2Π state in processes

CN(X2Σ) + e → CN(A2Π) + e , (12)
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N2(A3Σ) + CO(X1Σ , v ≥ 6) → CN(A2Π) + NO(X2Π) . (13)

In sealed-off systems the influence of heterogeneous processes on [CN] con-
centration is highly probable but there is a lack of data on their rates.
However, the good agreement between experimental and theoretical results
related to CN concentrations point to the fact that at the initial phase of
discharge the heterogeneous processes do not influence CN concentration
in discharge plasma of CO lasers.
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Figure 4: Concentrations of CN molecules as functions of discharge current, 15 min after
discharge turned-on: 1 – He:CO:N2 = 96:2:2, pressure P = 2.13 kPa; 2 –
He:CO:N2 = 91:6:3, pressure P = 0.67 kPa; symbols – experimental data,
curves – calculations.

4 Conclusions

The performed measurements under conditions characteristic for discharge
plasma in CO laser showed that nitrogen addition to the He-CO mixture
leads to:

1. Significant increases in CO vibrational temperature as well as pop-
ulations of CO excited states. A reduction of CO highly-excited
vibrational-states populations with current is smaller in the case of
mixtures with nitrogen additions.
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2. The CO dissociation level in discharge plasma decreases 20–30%,
which could result from changes in heterogeneous recombination of
atomic oxygen and carbon and CO production.

3. The C atom concentration decreases 30–50%. This may result from
additional channels with participation of nitrogen and possibly NO,
which increase [C] losses.

4. The CN molecule concentrations are in the range 8×1012 – 3×1013cm−3

under the considered conditions.
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Abstract Two-dimensional numerical investigations of the fluid flow
and heat transfer have been carried out for the laminar flow of the louvered
fin-plate heat exchanger, designed to work as an air-source heat pump evap-
orator. The transferred heat and the pressure drop predicted by simulation
have been compared with the corresponding experimental data taken from
the literature. Two dimensional analyses of the louvered fins with varying
geometry have been conducted. Simulations have been performed for differ-
ent geometries with varying louver pitch, louver angle and different louver
blade number. Constant inlet air temperature and varying velocity ranging
from 2 to 8 m/s was assumed in the numerical experiments. The air-side
performance is evaluated by calculating the temperature and the pressure
drop ratio. Efficiency curves are obtained that can be used to select op-
timum louver geometry for the selected inlet parameters. A total of 363
different cases of various fin geometry for 7 different air velocities were in-
vestigated. The maximum heat transfer improvement interpreted in terms
of the maximum efficiency has been obtained for the louver angle of 16 ◦ and
the louver pitch of 1.35 mm. The presented results indicate that varying
louver geometry might be a convenient way of enhancing performance of
heat exchangers.
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Nomenclature

c – specific heat, W/kg K
F p – fin pitch, m
F t – fin thickness, m
h – heat transfer coefficient, W/m2K
H – louver width, m
k – conductivity, W/m K
Lp – louver pitch, m
∆P – pressure drop, Pa

Q̇ – heat flux, W
T – temperature, ◦C or K
∆T – temperature drop, K
u, v, w – velocity components, m/s

V̇ – volumetric flow rate, m3/s
x, y, z – Cartesian coordinates

Greek symbols

α – louvers angle, deg
ρ – density, kg/m3

η – thermal performance index

Subscripts

air – air
h – hydraulic
i, k – vectot components
in – inlet
out – outlet
p – at constant pressure,

1 Introduction

Heat exchangers play an important role in almost every engineering system
[1]. Their primary purpose is heat transfer between two working fluids such
as air, refrigerants, water, glycols, etc. For example, air-to-refrigerant ex-
changers are used in refrigeration and air conditioning [2], automotive [3],
as well as heat pump industry [4]. One of the most important design chal-
lenges for this type of devices is improvement of their efficiency, especially
the heat transfer rate [5,6]. In compact heat exchangers, thermal resistance
is generally dominant on the air side and may account for over 80% of the
total thermal resistance. The air-side heat transfer surface area is up to
10 times larger than the water-side one. However, water-side heat transfer
coefficient is approximately 50 times higher than air-side one. Thus, the
air-side thermal resistance turns out to be higher by a factor of five. Con-
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sequently, any improvement in the heat transfer on the air side improves
the overall performance of the heat exchanger. Louvered fins are frequently
used on the air side of air conditioning evaporators and other heat exchang-
ers to enhance the overall heat transfer rate. The louvers act to interrupt
the air flow and create a series of thin boundary layers which have lower
thermal resistance than the thick boundary layers on the plain fins [7]. Op-
timization of heat exchanger geometry may considerably improve energy
savings in these systems [8]. On the other hand, improved efficiency leads
to reduced exchanger size, thus significantly reduces its manufacturing cost,
and annual energy expenditures related to pumping [9].

Unfortunately, optimization and design improvement of heat exchang-
ers is a very challenging task. Experimental studies aimed at optimizing
louvered fin geometries tend to be costly and time-consuming because of
a considerable number of geometrical parameters involved (among others,
louver angle and length, as well as fin length, pitch, and thickness) and
complex relationships between these parameters and device’s performance
figures [10]. For the sake of accurate evaluation as well as shortening the
development cycle, the design processes are nowadays more and more re-
lying on computer models rather than on physical prototypes [11,12]. The
fundamental design tools involve computational fluid dynamics (CFD) sim-
ulations [13] utilizing numerical solutions of the fluid governing equations.
CFD models offer an accurate evaluation of the structure at hand; however,
their downside is high computational cost. In particular, CFD-driven de-
sign optimization may be impractical when using conventional techniques
such as gradient search with numerical derivatives. One of the methods to
accelerate the optimization process is by using fewer evaluations or to ex-
ploit a simplified computational model. Typically, function-approximation
surrogate models are used, i.e., constructed by means of the design of
experiments and simulation data acquisition and fitting [14]. Function-
approximation models are versatile, however, they normally require a sub-
stantial amount of data samples to ensure good accuracy. Typically, these
models are set up in the entire design space [15]. More efficient methods in-
volve surrogate-based optimization with physical surrogates, e.g., suitably
corrected lower-fidelity simulation models [16]. Utilization of physics-based
surrogates is not widespread in the context of CFD modeling of compact
heat exchangers of complex geometries.

Enhancement of convective heat transfer can be realized by means of
reducing the thickness of a thermal boundary layer, increasing the distur-
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bance in a fluid, and increasing the velocity gradient at the solid wall.
The foregoing literature review indicates that in all available studies,

the main emphasis was put on studying the effects of geometry parame-
ter adjustment on the average air side heat transfer and the pressure drop
characteristics of heat exchangers [7,17–19].

In this study, a two-dimensional numerical simulation of the air-side
heat transfer and flow characteristics of the louvered fin-and-plate heat ex-
changer has been presented. Our investigations are carried out by varying
both the louver pitch and the angle while modifying its geometry by chang-
ing the number of louvers in a bank. The transferred heat and the pressure
drops have been investigated. The heat transfer performance for various fin
geometries and dimensions has been obtained. The effects of pitch, angle,
and louvers number on temperature and pressure drop have been studied
at for the angle range from 10 ◦ to 70 ◦. The predictions of the pressure
and air temperature drop have been compared with available experimental
data.

2 Computational model

Louvered plate fins are frequently used on the air side of air conditioning
evaporators and other heat exchangers to enhance the overall heat transfer
rate. Figure 1 shows the overview of a multi-louvered plate heat exchanger.
The present study focuses on CFD parametric study of louvered fins plate
heat exchanger for varying geometry. The following parameters are con-
sidered: louver angle, louver pitch and the number of louvers in the bank.
Table 1 presents a list of all geometrical parameters used in calculations.

The air flow direction is x-direction, the fin spanwise direction is y-direction
and fin thickness direction is z-direction. Figure 2 shows the computational
domain of the louvered fin. The computation domain was extended two
times beyond the fin pitch of the original heat transfer zone for the en-
trance section to ensure the inlet uniformity, and at the exit, the domain
was extended five times fin pitch in order to make sure that the exit flow
boundary has no flow recirculation. Similar conditions were considered by
many researchers [17,18], and have proven to predict experimental data
within acceptable accuracy. Also, numerical simulations in 3D computa-
tional domain were carried out [7,19]. The grid system for the computation
domain generated by commercial software ANSYS Gambit [20] is shown
in Fig. 3, where the upstream and downstream parts of the computation
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Figure 1: The overview of the multilouvered fin plate heat exchanger.

Table 1: Geometrical and working parameters of the tested evaporator of the air source
heat pump.

Parameter Value and unit

Fin thickness, Ft 0.1 mm

Number of louvers in bank 6–8

Fin pitch, Fp 2 mm

Louver pitch, Lp 0.9–1.4 mm

Louver angle 10–70

Fin length, L 36.6 mm

Louver width, H 6.53 mm

Inlet air temperature 290 K

Fin temperature 280 K

Inlet air velocity 2–8 m/s

domain are not presented in order to save the space. A grid convergence
check indicated that the solution for the selected geometry consisting of
approximately 400 000 elements results in about 2% offset compared to 1.6
million element grid.

The governing equations, for the forced steady, laminar, incompress-
ible fluid flow and heat transfer in the physical space are as follows [20]:
continuity equation

∂

∂xi
(ρui) = 0 , (1)
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Figure 2: Schematic of louvered fins-plate heat exchanger computational domain.

(a) (b)

Figure 3: Two dimensional grid representation: (a) overview, and (b) close-up.

momentum equation

∂

∂xi
(ρuiuk) =

∂

∂xi

(

µ
∂uk

∂xi

)

− ∂p

∂xk
, (2)

energy equation

∂

∂xi
(ρuiT ) =

∂

∂xi

(

k

cp

∂T

∂xi

)

. (3)

The fluid is assumed to be incompressible with constant properties and
the flow is laminar in a steady state condition. The temperature of the
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fin surface is lower than that of the inlet air. The problem is simplified
to a two-dimensional geometry, thus regarding velocity in z-direction (as
depicted in Fig. 2). The boundary conditions are described for the three
regions and are as follows

a) In the upstream extended region (domain inlet):
at the inlet boundary: u = uin = const, T = Tin = const, v = w = 0;
at the upper and lower boundaries: ∂u

∂y = ∂w
∂y = 0, v = 0, ∂T

∂y = 0.

b) In the downstream extended region (domain outlet):
at the upper and lower boundaries: ∂u

∂y = ∂w
∂y = 0, v = 0, ∂T

∂y = 0;

at the outlet boundary: ∂u
∂x = ∂v

∂x = ∂w
∂x = 0, ∂T

∂x = 0.

c) In the fin region:
velocity on fin surface: u = v = w = 0;
temperature on fin surface: T = const.

All the procedures, including solver interfaces, modeling algorithms, and
design specification scaling techniques were created as stand-alone routines
implemented in Matlab environment [21]. Equations presented in previous
sections are discretized using the finite volume technique. The equations
are integrated over the individual computational cells, for steady state con-
ditions over a domain. First-order upwind spatial discretization scheme is
used both in the case of momentum and energy equations. For the pres-
sure field calculations in steady state, the SIMPLE (semi-implicit method
for pressure linkede equations) i, k – algorithm [20] is used in the commer-
cial ANSYS FLUENT CFD [20] software toll, which uses a control-volume-
based technique to convert the governing equations to algebraic equations
that can be solved numerically. This involves subdividing the region in
which the flow is to be solved into individual cells or control the volumes
so that the equations can be integrated numerically.

3 Numerical results

In order to validate the numerical simulation reliability, geometrical di-
mensions described by Dong et al. [10] have been implemented in the
computational domain and the results of numerical calculations were com-
pared with original experimental data. Figure 4 compares experimental
data with the simulation results. Calculations were made for varying inlet
air velocity as indicated in Tab. 1. Steady state laminar incompressible
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Figure 4: Experimental data by Dong et al. [10], compared to corresponding numerical
data.

flow simulations exhibit sufficient consistency with the experimental data.
The discrepancy between measurements and simulations in terms of the
heat transfer is clearly visible as a constant shift between the data sets in
the entire range of air velocity. This is because calculations are simplified
and assume constant fin temperature, and do not include fin height which
is assumed constant. The deviation between the pressure drop is much
smaller with both data sets showing similar trends as a function of the air
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velocity. Overall, the correlation between experimental and simulation data
is sufficient to justify the utilization of computational model in searching
for the optimal fin geometry.

Selected numerical results are shown in Figs. 5 through 7. The contours
of the pressure, temperature and velocity are presented for the inlet air ve-
locity of 3 m/s. It can be observed that at the low air velocity, most of the
air flows through the gap between the fins rather than through the louvers.
This can be attributed to the high flow resistance presented by the louvers.
Since the air has less kinetic energy, most of it passes through the path
of least resistance, i.e., through the fin gaps. The air temperature reaches
the fin temperature in the first row of the louvers. Consequently, the heat
transfer performance of the fin is poor (see Fig.7). The second half of the
fin only accounts for the pressure loss without any significant heat transfer.
At higher velocity, the thermal layers around the louvers are thinner and
the flow is more aligned with the louvers. In this case, the temperature of
the air does not decrease as fast as along the flow direction, and a signifi-
cant temperature difference is maintained between air and the fin. Hence,
the heat transfer rate is increased with the increased air velocity.

Figure 5: Contours of total pressure in pascals for vair = 3 m/s.

Figure 5 show the total pressure distribution across the louvered fin. It can
be observed that the low-pressure zone is formed near the louvers due to
formation of the boundary layer. The air flowing through the louvers im-
pinges on the flat plate and it is turned. This flow diversion results in
a high-pressure zone in the middle plane, and this effect is more pronounced
for increasing air velocity. These conjectures are in correspondence with
obtained velocity profiles shown in Figs. 6.
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Figure 6: Contours of velocity magnitude in m/s for vair = 3 m/s.

Figure 7: Contours of total temperature in kelvins for vair = 3 m/s.

The heat transfer from the ambient air in the gap between the two fins to
the refrigerant inside the tube, and the total pressure drop values of air
across the heat exchanger were calculated numerically for each geometry
model. With assumed constant air properties, i.e., density and specific heat,
transferred heat is proportional to the volumetric flow rate and temperature
drop. The results are presented in the form of obtained air temperature
drop, calculated as a difference between the average temperatures on the
inlet and the outlet boundary, for constant air flow rate:

△T =T in−T out , (4)

where overbar stand for area-averaged value. The pressure drop of air
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passing through the fins is also taken into consideration:

△P =P in−P out . (5)

Figures 8 and 9 show the simulated heat transfer and pressure drop char-
acteristics, presented in terms of the obtained temperature and pressure
drops calculated from Eqs. (10) and (11). The values have been calculated
using geometry parameters such as the louver pitch, Lp, louver angle, α,
and the number of louver blades from configurations presented in Tab. 1
and Fig. 2. The calculated temperature and the pressure drop values for
the varying velocities were also provided to compare with variable louver
pitch and angles. The total heat transfer rate was normalized in form of
∆T to ensure fair comparison in all cases. It can be observed from the
results gathered in plots that the best heat transfer per segment was ob-
tained for the louver angle of 70◦ and the louver pitch equal to 1.35 mm.
The maximum normalized heat transfer enhancement was 14%. The maxi-
mum enhancement of the heat transfer is associated with pressure drop per
segment that is 10 times higher than for the reference case.

Figure 8 shows the effect of the louver angle and pitch on the pressure
drop. It can be observed that the pressure drop increases with the louver
angle and reaches its maximum value at 70◦. Furthermore, it decreases with
the decreased louver pitch for all cases. The pressure drop increases rapidly
with the louver angle higher than 40◦. This is because at higher velocities –
which corresponds to higher Reynolds numbers – the flow is aligned with the
louver angle. Larger louver angles increase the flow blockage and enforce
more flow through the louver blades. Figure 9 shows the effects of the same
geometry parameters on the simulated temperature drop. The rapid drop
can be observed in all cases for louver angles below 20◦. This drop is more
rapid in the case of larger louver pitch values. The relatively flat response
can be observed for louver angles between 20◦ and 40◦. The effect of louver
pitch on the obtained ∆T is more visible in case of higher louver angles,
where it attains its maximum value for α = 70◦ and Lp = 1.3–1.4 mm
which corresponds to maximum ∆P .

A simple method of selecting the optimal geometry can be formulated as
follows. The pressure drop is a function of the friction factor based on the fin
surface condition and position. Thus, an engineer is frequently interested in
the pressure drop needed to sustain an internal flow because this parameter
determines the fan power requirements. The hydraulic pumping power, W,
required to overcome the resistance to the flow associated with this pressure



56 T. Muszyński and S.M. Kozieł

(a)

(b)

(c)

Figure 8: Numerically predicted pressure drop for air velocity vair = 3 m/s, for (a) six,
(b) seven, and (c) eight louvers.
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(a)

(b)

(c)

Figure 9: Numerically predicted temperature gradient for air velocity vair = 3 m/s, for
(a) six, (b) seven, and (c) eight louvers.
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drop ∆P may be expressed as

Ph=△P V̇ , (6)

where the volumetric flow rate, V̇ , may, in turn, be expressed as V̇ =ṁ/ρ,
i.e. the ratio of mass flow rate ṁ and mass density ρ (kg/m3 for an in-
compressible fluid. The power required to move the fluid across the bank is
often a major operating expense and is directly proportional to the pressure
drop. Heat transferred from ambient air to the high pressure evaporator
can be calculated as

Q̇=V̇ ρ cp △T . (7)

Overall thermal performance of the heat exchanger can be expressed as a
ratio of the pumping power to the transferred heat, as dimensionless index

η =
Q̇

Ph
=

ρ cp △T

△P
. (8)

Figure 10 shows the effect of the geometry parameters on the performance
calculated using (8). Rapid performance drop can be observed in all cases
for louver angles larger than 40◦. Furthermore, a maximum performance
region can be identified, for all considered cases, for the louver angle rang-
ing from 16 to 20◦. This region is shifted towards the lower louver pitch
for the increased number of louver blades. As previously described, the
simulations were repeated for air velocities from 3 to 8 m/s. The maximum
performance region is shifted towards the higher louver pitch values for the
decreased inlet air velocity. The maximum performance for cases from the
whole computational domain can be compared to identify the influence of
changing the number of the louver blades. The maximum performance in
all cases was obtained for the louver angle α = 16◦. Figure 11 shows a sin-
gle maximum performance point as a function of air velocity (for variable
α and Lp). It can be observed that the performance is higher for lower air
velocities. Also, a slight increase of performance can be observed between
the compared cases.

As mentioned earlier, the maximum performance was obtained for the
louver angle α = 16◦. Therefore, its influence is not depicted. In all cases,
the louver pitch length smaller than Lp = 1.2 mm resulted in degraded
performance compared to the optimal value. As indicated in Fig. 12, the
maximum performance is obtained for different louver blade numbers and
pitch. For higher inlet air velocities, the maximum performance is obtained
for a smaller length of the louver pitch.
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(a)

(b)

(c)

Figure 10: Numerically predicted temperature gradient for air velocity vair = 3 m/s, for
(a) six, (b) seven, and (c) eight louvers.
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Figure 11: Maximum performance as a function of frontal air velocity for selected ge-
ometries.

Figure 12: Maximum performance as a function of louver pitch for selected geometries.

4 Conclusion

Numerical simulations of compact louvered fin heat exchangers have been
performed in order to determine heat transfer and pressure drop character-
istics. A total of 363 different configurations has been studied. For the sake
of validation of the computational model, the simulation results have been
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compared with experimental data. The computed heat transfer coefficients
and pressure drops are found to be in good agreement with the experiment
within the considered flow range. A simple procedure for identifying the op-
timal geometry has been presented. A parametric variation of the geometry
provides a map to find the desired configuration for which the heat trans-
fer to the pressure drop ratio attains its maximum. Furthermore, for each
louver blade number and air inlet velocity, a region with a local maximum
of performance can be found. Among all considered geometry parameters,
the louver angle of 16◦ yields the maximum performance for all considered
combinations of the flow rate and the louver pitch. The future work will
be focused on the development of numerical optimization techniques for
finding the optimum heat exchanges geometry as well as including a heat
exchanger size cost factor in the optimization process.
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Abstract The paper presents four 1-dimensional models of thermal re-
sistance of walls in a heat exchanger with rectangular minichannels. The
first model is the simplest one, with a single wall separating two fluids. The
second model of the so called equivalent wall takes into account total vol-
ume of intermediate walls between layers of minichannels and of side walls
of minichannels. The next two more complicated models take separately
into account thermal resistance of these walls. In these two models side
walls are treated as fins. The results of models comparison are presented.
It is shown that thermal resistance may be neglected for metal walls but it
should be taken into account for the walls made of plastics. For the case
of non-neglected wall thermal resistance the optimum wall thickness was
derived. Minichannel heat exchangers made of plastic are larger than those
built of metal, but are significantly cheaper. It makes possible to use of such
exchangers in inexpensive microscale ORC installations.

Keywords: Minichannel heat exchanger; Wall thermal resistance; Rectangular minichan-
nel

Nomenclature

A – heat transfer area, m2

a, b – sides of rectangular cross-section, m
B – coefficient
d – wall thickness, m
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dh – hydraulic (and thermal) diameter, m
k – overall heat transfer coefficient, W/(m2K)
Nu – Nusselt number

Q̇ – heat flow rate, W
R – thermal resistance, K/W
r – channel’s cross-section aspect ratio
T – temperature, K

Greek symbols

α – heat transfer coefficient, W/(m2K)
δz – depth of the control volume (along the channel’s z axis ), m
λ – wall or fluid thermal conductivity, W/(mK)
η – fin efficiency
∆Tlog – logarithmic mean temperature difference, K

Subscripts

c, h – cold or hot fluid
e – equivalent wall
i, s, i + s – intermediate, side or total intermediate wall
w, fl – wall or fluid conductivity

1 Introduction

Small scale organic Rankine cycle (ORC) installations demand use of minia-
ture and inexpensive heat exchangers. Minichannel heat exchangers may be
made of metal, but there is a possibility to use polymers or other formable
materials of small thermal conductivity [1]. At the Institute of Fluid Flow
Machinery PAS the design and investigation of miniature heat exchangers
for application in ORC is carried out. It is planned to test some non-metal
materials for operation in ORC installation. In the paper there are pre-
sented four 1-dimensional models of the wall thermal resistance in heat
exchangers with rectangular minichannels of the same size. Two of these
models are presented in [2]. The models were analysed and compared. It
is shown that the thermal resistance of metal walls may be neglected. For
the walls made of plastics these models show that the optimal wall thick-
ness is relatively small. The models of the wall thermal resistance are used
to calculate the overall heat transfer coefficient k in heat exchangers with
rectangular minichannels.

General view of a minichannel heat exchanger and considered control
volume is presented in Fig. 1.
Heat transfer rate in the control volume is given by the formula:

Q̇ =
1

R
∆Tlog . (1)
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Figure 1: Schematic view of a heat exchanger’s cross-section with layers of hot and cold
minichannels and of the control volume (dotted line) with heat flows.

Total thermal resistance is given by the overall heat transfer coefficient and
heat transfer area of the control volume (in the figure the control volume
depth δz is along the channel’s z-axis, perpendicular to the figure’s plane):

R =
1

kA
, (2)

where

A =
a + b

2
δz . (3)

Partial thermal resistance are calculated in the same way, for example:

Rh,i =
1

αhAh,i
, (4)

where

Ah,i =
a

2
δz . (5)

Channel’s cross-section aspect ratio is defined as

r =
a

b
. (6)

Hydraulic and thermal diameter is given by

dh =
2ab

a + b
=

2r

r + 1
b . (7)
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2 Model 1 – no side walls of the channels

First the simplest model is considered where side walls of the channels are
removed, Fig. 2.

Figure 2: Model 1 – the side walls of the channels are removed.

The formula for total thermal resistance in the models 1 has the form

R = Rh + Ri+s + Rc . (8)

Use of (2) and (4) leads to the equation

1

k1
a+b

2 δz
=

1

αh
a+ds

2 δz
+

1
λw

di

a+ds

2 δz
+

1

αc
a+ds

2 δz
, (9)

which gives the final formula for overall heat transfer coefficient k1:

1

k1
=

r + 1

r + ds/b

(

1

αc
+

1

λw/di
+

1

αc

)

. (10)

3 Model 2 – walls are replaced by an equivalent

wall of the same volume and area

In model 2 the walls are represented by an equivalent wall of the same
volume and area, Fig. 3. The formula (8), by use of (2) and (4), has the
following form in this model

1

k2
a+b

2 δz
=

1

αh
a+b

2 δz
+

1
λw

de

a+b
2 δz

+
1

αc
a+b

2 δz
, (11)
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Figure 3: Model 2 – the walls are replaced by an equivalent wall of the same volume and
area.

with the equivalent wall thickness

de =

(

a + ds

2
di + 2

ds

2

b

2

)

/
a + b

2
=

(r + ds/b)di + ds

r + 1
. (12)

Simplification of (11) gives the final formula for k2:

1

k2
=

1

αc
+

1

λw/de
+

1

αc
. (13)

4 Model 3 – side walls as fins, one common resis-

tance of the wall between hot and cold channels

In this model heat transfer through the intermediate and side walls of the
channels are taken separately into account whereas side walls are treated as
fins. However, heat flows through the wall between hot and cold channels
are not separated, Fig. 4. The formula for the total thermal resistance in
the model 3 has the form

R = (1/Rh,i + 1/Rh,s)−1 + Ri+s + (1/Rc,i + 1/Rc,s)−1 . (14)

Use of (2) and (4) leads to the equation

1

k3
a+b

2 δz
=

1

αh
a+ηhb

2 δz
+

1
λw

di

a+ds

2 δz
+

1

αc
a+ηcb

2 δz
, (15)

with fin efficiency given by (B is introduced later)

η =
tanh

(√

αb
2λw

b
ds

)

√

αb
2λw

b
ds

=
tanh

(√

B b
ds

)

√

B b
ds

, (16)
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Figure 4: Model 3 – separated thermal resistances: channel side walls are treated as fins,
one single common resistance of the wall between hot and cold channels.

Simplification of (15) gives the final formula for k3:

1

k3
=

1

αh
r+ηh

r+1

+
1

λw

di

r+ds/b
r+1

+
1

αc
r+ηc

r+1

. (17)

5 Model 4 – side walls as fins, two separate

resistances of the wall between hot and cold

channels

In this model heat flows through the intermediate and side wall of the
channels are taken separately into account whereas side walls are treated
as fins. Heat flows through the wall between hot and cold channels are
also separated into two parts, Fig. 5. The formula for the total thermal
resistance in the model 4 has the form

R−1 = (Rh,i + Ri + Rc,i)
−1 + (Rh,s + Rs + Rc,s)

−1 . (18)

Use of (2) and (4) leads to the equation:

k4
a + b

2
δz =

(

1

αha/2 · δz
+

1

λw/di · a/2 · δz
+

1

αca/2 · δz

)−1

+

+

(

1

αhηhb/2 · δz
+

1

λw/di · ds/2 · δz
+

1

αcηcb/2 · δz

)−1

. (19)

Simplification of (19) gives the final formula for k4:

k4 =
r

r + 1

(

1

αh
+

1

λw/di
+

1

αc

)−1

+
1

r + 1

(

1

αhηh
+

1

λw/di · ds/b
+

1

αcηc

)−1

.

(20)
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Figure 5: Model 4 – separated thermal resistances, channel side walls are treated as fins,
two resistances of the intermediate and side parts of the wall between hot and
cold channels.

6 Models analysis and comparison

Obtained values of the overall heat transfer coefficient k are compared to
the maximum value kMAX (present for wall thermal resistance equal zero):

1

kMAX
=

1

αh
+

1

αc
. (21)

It is assumed in this analysis that the channel size and heat transfer coeffi-
cients αh, αc remain constant. The only change of the overall heat transfer
coefficient k is caused by the changes of wall thickness di, ds. The common
case of equal di and ds is assumed:

d = di = ds . (22)

Heat transfer coefficient α of fluid flow can be calculated from the Nusselt
number:

Nu =
αdh

λfl
. (23)

As an example, for fully developed laminar flow Nusselt number depends
on the cross-section aspect ratio only and for r = 1 (square minichannels)
Nu = 3.608 [3,4].

There are two limiting cases of heat transfer coefficients αh, αc:

• α = αh = αc (both the same single-phase flows), which gives kMAX =
α/2,
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• α = αh, αc → ∞ (single-phase and two-phase flow with phase change),
which gives kMAX = α.

The actual value of kMAX lays between these two bounds

α

2
≤ kMAX ≤ α . (24)

For each model the quotient k/kMAX is analysed for these two limiting
cases.

A dimensionless coefficient B appears in the remaining part of the anal-
ysis as

B =
αb

2λw
= Nu

λfl

λw

r + 1

4r
. (25)

This coefficient represents properties of the wall material, fluid, channels
geometry and fluid flows. For fixed cross-section aspect ratio the coefficient
B depends on the ratio of fluid and wall thermal conductivities only. The
examples of B are presented in Tab. 1.

Table 1: Examples of coefficient B for square minichannels (r = 1), laminar flow (Nu =
3.608).

No. Wall material Fluid λw [W/mK] λfl [W/mK] B [–]

1 copper water 380 0.60 0.00285

2 copper ethanol 380 0.17 0.000807

3 stainless steel water 16.3 0.60 0.0664

4 stainless steel ethanol 16.3 0.17 0.0188

5 ceramics water 1.0 0.60 1.08

6 ceramics ethanol 1.0 0.17 0.307

7 PE high density water 0.45 0.60 2.41

8 PE high density ethanol 0.45 0.17 0.682

9 PTFE (Teflon) water 0.27 0.60 4.00

10 PTFE (Teflon) ethanol 0.27 0.17 1.14

CASE 1 α = αH = αC . For each model k/kMAX as a function of B and
relative wall thickness d/b is defined:

k1

kMAX
=

r + d/b

r + 1

1

1 + Bd/b
, (26)
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k2

kMAX
=

1

1 + r+1+d/b
r+1 Bd/b

, (27)

k3

kMAX
=

r + η

r + 1

1

1 + r+η
r+d/bBd/b

, (28)

k4

kMAX
=

r

r + 1

1

1 + Bd/b
+

η

r + 1

1

1 + Bη
. (29)

In Figs. 6–9 calculation results of k/kMAX vs. relative wall thickness d/b
for the flow in square minichannels (r = 1, Nu = 3.608) are shown.

Figure 6: Models comparison for stainless steel and ethanol, B = 0.0188.

CASE 2 α = αH , αC → ∞
For each model k/kMAX as a function of B and relative wall thickness d/b
is defined:

k1

kMAX
=

r + d/b

r + 1

1

1 + 2Bd/b
, (30)

k2

kMAX
=

1

1 + r+1+d/b
r+1 2Bd/b

, (31)

k3

kMAX
=

r + η

r + 1

1

1 + r+η
r+d/b2Bd/b

, (32)
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Figure 7: Models comparison for ceramics steel and ethanol, B = 0.307.

Figure 8: Models comparison for high density PE (polyethylene) and ethanol, B = 0.682.

k4

kMAX
=

r

r + 1

1

1 + 2Bd/b
+

η

r + 1

1

1 + 2Bη
. (33)

It is easy to see that coefficient B is replaced by 2B in each formula of this
case.

In Figs. 10–13 calculation results of k/kMAX vs. relative wall thickness
d/b for the flow in square minichannels (r = 1, Nu = 3.608) are presented.
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Figure 9: Models comparison for PTFE (teflon) and ethanol, B = 1.14.

Figure 10: Models comparison for stainless steel and ethanol, B = 0.0188.
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Figure 11: Models comparison for ceramics steel and ethanol, B = 0.307.

Figure 12: Models comparison for high density PE (polyethylene) and ethanol,
B = 0.682.

7 Discussion

Among the analysed models the most advanced are the models 3 and 4
and they give the reference results. However they are still 1-dimensional,
which means that from the physical point of view, the wall material has
anisotropic thermal conductivity: finite in the vertical direction and infinite
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Figure 13: Models comparison for PTFE (teflon) and ethanol, B = 1.14.

in the horizontal one. Since this artificial material has better thermal con-
ductivity then the real one, the 1-dimensional models overestimate values
of the overall heat transfer coefficient k.

Every realistic model used for d/b → 0 should give the result

lim
d/b→0

k

kMAX
=

a

a + b
=

r

r + 1
. (34)

This universal result reflects the fact that infinite thin side walls do not con-
duct heat. For the exemplary value r = 1 this limit is equal to 1/2. Model
2 does not respect this result and does not give correct results, Figs. 6–13.
Model 1 gives rough approximation of the results from models 3 and 4 for
bad heat conductors like PTFE (teflon), Figs. 9 and 13, used in so called
polymer heat exchangers [1]. Model 1 may be used for these materials, but
the results are always slightly underestimated in comparison with models
3 and 4. Model 4 always gives lower results of the overall heat transfer
coefficient then model 3. Model 3 is more flexible than model 4 because of
using single common thermal resistance Ri+s of the wall between hot and
cold minichannels instead of separate Ri and Rs in model 4. Use of single
Ri+s makes possible generalization of model 3 to the case of nonequal size
of hot and cold minichannels (nonequal heat transfer area Ah and Ac).

Metal walls give very little thermal resistance even for relatively bad
conductive stainless steel, Figs. 6 and 10. Use of typical better thermal
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conductors: brass, aluminium or copper makes wall thermal resistance neg-
ligible. For worse thermal conductors (plastics) the optimal wall thickness
should be calculated.

Models 3 and 4 show the existence of optimal relative wall thickness d/b
maximizing k/kMAX . The optimal value of d/b is calculated by use of the
condition

d

d(d/b)

(

k

kMAX

)

= 0 . (35)

The examples of optimal values of d/b for the cases 1, 2 are presented in
Tab. 2.

Table 2: Optimal relative thickness d/b and k/kMAX for the cases 1 and 2 of model 3.

No.
Wall
material

Fluid B [–]

Case 1 Case 2

(d/b)OP T

[–]
(k/kMAX)OP T

[–]
(d/b)OP T

[–]
(k/kMAX)OP T

[–]

1 copper water 0.00285 0.405 0.997 0.256 0.996

2 copper ethanol 0.000807 0.406 0.9992 0.256 0.9988

3 stainless
steel

water 0.0664 0.384 0.939 0.237 0.914

4 stainless
steel

ethanol 0.0188 0.400 0.982 0.251 0.973

5 ceramics water 1.08 0.0971 0.578 0.0301 0.543

6 ceramics ethanol 0.307 0.306 0.782 0.169 0.719

7 PE high
density

water 2.41 0.0141 0.520 0.00388 0.510

8 PE high
density

ethanol 0.682 0.192 0.646 0.0775 0.590

9 PTFE
(teflon)

water 4.00 0.00352 0.508 0.000923 0.504

10 PTFE
(teflon)

ethanol 1.14 0.0869 0.571 0.0265 0.540

The optimal values of d/b are fortunately small for bad thermal conductors,
and the optimal side walls may still be treated as thin fins. In practice, the
relative wall thickness d/b should not be too small and should lay in the
range 0.05–0.15 [1].

Worse thermal conductivity of nonmetal walls may be compensated by
higher number of minichannels. In the case of PTFE – teflon and ethanol
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(B = 1.14) the optimal k/kMAX is equal to 0.571 and 0.540 only, respec-
tively in the case 1 and 2. To compensate this, the heat transfer area should
be increased by 1/0.571 = 1.75 or 1/0.540 = 1.85 respectively. However
the side of the heat exchanger’s square cross-section will be increased by
smaller factors:

√
1.75 = 1.32 or

√
1.85 = 1.36 respectively. If higher num-

ber of minichannels may be accepted, the use of plastic instead of metal
significantly decreases production costs.

8 Conclusions

• Four 1-dimensional models of thermal resistance of walls in a heat
exchanger with rectangular minichannels were derived and analysed.

• Model 3 is recommended. It takes side walls into account as fins
and uses single thermal resistance between layers of hot and cold
minichannels. This model may be easily generalized to the case of
non-equal hot and cold minichannels.

• Metal minichannel walls have negligible thermal resistance.

• The simplest model 1 may be used for plastic walls of bad thermal
conductivity.

• The optimal wall thickness was derived for walls made of plastics.

• Mininichannel heat exchangers made of plastics are moderately big-
ger. However their production costs may be significantly lower, what
is important in foreseen mass production of ORC installations used
in domestic combined heat and power (CHP) technologies.
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Abstract The results of investigations conducted on the prototype of
vapour driven micro-CHP unit integrated with a gas boiler are presented.
The system enables cogeneration of heat and electric energy to cover the
energy demand of a household. The idea of such system is to produce elec-
tricity for own demand or for selling it to the electric grid – in such situation
the system user will became the prosumer. A typical commercial gas boiler,
additionally equipped with an organic Rankine cycle (ORC) module based
on environmentally acceptable working fluid can be regarded as future gen-
eration unit. In the paper the prototype of innovative domestic cogenerative
ORC system, consisting of a conventional gas boiler and a small size axial
vapour microturbines (in-house designed for ORC and the commercially
available for Rankine cycle (RC)), evaporator and condenser were scruti-
nised. In the course of study the fluid working temperatures, rates of heat,
electricity generation and efficiency of the whole system were obtained. The
tested system could produce electricity in the amount of 1 kWe. Some pre-
liminary tests were started with water as working fluid and the results for
that case are also presented. The investigations showed that domestic gas
boiler was able to provide the saturated/superheated ethanol vapour (in the
ORC system) and steam (in the RC system) as working fluids.
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Nomenclature

ṁ – mass flux, g/s
N – electric power, kW
P – pressure, Pa

Q̇ – rate of heat, kW
t – temperature, ◦C
x – quality
CHP – combined heat and power
C-R – Clausius-Rankine cycle
kWe – kW of electric power
ORC – organic Rankine cycle
RC – Rankine cycle

Greek symbols

η – efficiency, %

Subscripts

b – exergy
C – Carnot
el – electric
et – ethanol
in – inlet
out – outlet
t – thermal
T – turbine
w – water

1 Introduction

In recent years there is observed a tendency to increase the importance
of so called dispersed generation, based on the local energy sources and
the working systems utilizing both the fossil fuels and the renewable en-
ergy resources. Generation of electricity on a small domestic scale together
with production of heat can be obtained through employment of the tech-
nologies like gas engine units, gas microturbines, fuel cells with efficient
electrolysis, Stirling engines or the organic Rankine cycle (ORC) systems.
All of them are mentioned in the European Union directive 2012/27/EU
[1] for cogenerative production of heat and electricity. It is worth noting
that practical realization of the Rankine cycle (RC) or ORC technology
in a microscale (the electrical power production below 10 kWe) is kind of
technical challenge. Such unit must be equipped with small size turbine
(expansion machine) and highly efficient and compact heat exchangers.
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With an increase in demand for various energy carriers, there arises
a noticeable trend in the search for new forms of electricity production.
In recent years, energy production tends to the distributed energy based
on local energy sources and technologies using fossil fuels and renewable
energy sources. One way to improve the efficiency of these sources usage is
an autonomous energy production in the form of electricity and heat in in-
dividual households. Such a solution could also increase energy security for
households due to the generation of electricity at the point of consumption.
The cogeneration ORC technology is promoted by the legislative bodies of
the European Union what could be found in Directive [1], which is also
consistent with the national strategy of sustainable development [2].

In general, the operation of system implementing ORC follows the fun-
damental principles of the classic Clausius-Rankine (C-R) cycle. The main
difference between these two cycles is in the working fluid. In the case of
ORC the working fluid is an organic compound instead of water which is
used in the classical Rankine cycle. In combined heat and power (CHP)
systems based on organic fluids, their operating temperatures and pressures
are lower than in the case of conventional steam C-R systems. Therefore,
from the thermal point of view, the ORC technology is more safe for users
than C-R systems, especially in the light of households’ applications. These
systems will be also able to partially cover the residential buildings demand
for electricity. Moreover, it will allow better utilization of the fuel, reduc-
tion of the emissions. Examples of microcogeneration solutions are a gas
engine [3], gas microturbine [4], fuel cells with efficient electrolysis [5], Stir-
ling engine [6], or a system with the use of ORC technology [7–11].

To meet the expectations posed by the energy future of small-scale ap-
plications, authors attempted to dedvelop a prototype unit for the cogen-
eration of electricity and heat to cover the needs of individual households.
The idea of this system operation was based on the ORC (with ethanol as
working fluid) cooperating with a gas boiler with a thermal power of 25 kW
as an autonomous source of heat [12]. The experimental investigations of
the precursory version of such unit with ethanol and HFE-7100 (methoxy-
nonafluorobutane, C4F9OCH3) as the working fluids were reported in [13].

This paper provides a summary of the construction and commissioning
of the demonstration prototype of micro-CHP. In the authors opinion the
prototype bears the signs of innovation due to the compactness of the unit,
its mobility and dedicated solutions of heat exchangers such as evaporator
and condenser. Additionally, the authors attempted to modify the micro-
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CHP that it can operate as a low-temperature Rankine cycle. In this paper
some preliminary results are also presented.

2 Prototype domestic CHP

For the prototype of domestic CHP, the ORC system is a kind of the add-
on module for a gas boiler DTG X 23 N [12], which in the commercial
version is offered by De Dietrich company to the domestic market. This
kind of boiler has been modified by the authors to operate with thermal oil
as heat carrier and subsequently tested at the high temperatures [12]. The
schematic of a laboratory facility is shown in Fig. 1. Axonometric view of
the micro demonstration ORC installation with the gas boiler is shown in
Fig. 2a. The overall view of the facility is presented in the photograph in
Fig. 2b.

Figure 1: Schematic of the laboratory installation: 1 – gas boiler, 2 – oil circulation
pump, 3 – oil flow meter, 4 – evaporator, 5,8,13,18 – ball valve, 6 – manometer,
7 – safety valve, 9 – compensation vessel, 10 – mass flow meter, 11 – pump
of working fluid, 12 – throttle valve, 14 – expander, 15 – alternator, 16 –
condenser, 17 – water flow meter.

Following, a brief description of the facility operational principles are pre-
sented – notation used in the description corresponds to the indicators
marked in Fig. 1. As previously mentioned, an autonomous source of heat
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Figure 2: (A) Micro-CHP – axonometric view: 1- gas boiler, 2 – evaporator, 3 – turbo-
generator, 4 – condenser, 5 – tank with ethanol, 6 – throttle valve, 7 – oil flow
meter, 8 – oil circulating pump, 9 – inlet oil, 10 – gas connector, 11 – exhaust;
(B) overview of micro-CHP with gas boiler.

for the ORC was the domestic gas boiler (1) in which the chemical en-
ergy of the fuel (natural gas) was converted into thermal energy received
by thermal oil. Oil is an intermediate heat transfer medium circulating in
a closed loop between the boiler and evaporator (2) of vapour cycle with
working fluid (ethanol-ORC, H2O-RC). Oil circulation in the loop was en-
sured by the circulation pump (8) with a maximum capacity of 3.5 m3/h
and a maximum head of 6 m. Vane flow meter (7) was used to measure the
volumetric flow of oil. Circulation of ethyl alcohol/H2O in a closed loop
of ORC/RC module was provided by a hermetic gear pump with magnetic
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coupling of a nominal capacity of 0.4 m3/h at a differential pressure of
1.03 MPa. The adjustment of the pump’s efficiency was possible by chang-
ing the frequency, or by using a manually operated throttle valve - installed
in the form of ‘by-pass’. Coriolis mass flow meter with signal converter was
used to measure the flow of ethanol/H2O. Working fluid passing through
the evaporator received heat energy from the thermal oil and evaporated to
reach the state of superheated vapour with applied appropriate heat flux.
Saturated/superheated vapour was ultimately directed to the turbine (3),
where it expanded and then flowed to the condenser (4). During the facil-
ity start-up phase the turbine was bypassed by the throttling valve (6) to
obtain required vapour parameters. After that the valve was closed. The
condenser was cooled by tap water. After the condensation process, the
condensate was turned back to the reservoir (5).

De Dietrich gas boiler DTG X 23 N featured the open combustion cham-
ber, electronic ignition with ionisation flame control, atmospheric burner
able to burn all kinds of natural gas and liquefied petroleum gas. In addi-
tion to the main burner, boiler was also equipped with an ignition burner,
which enabled ‘soft’ (inexplosive) start of the main burner. The boiler’s
body was made of thermally shocked and corrosion-resistant eutectic cast
iron.

During the test stage of assembled facility, function of the evaporator
was performed by the in-house design and manufacture of the shell and tube
heat exchanger, with circular minitubes [14]. The function of condenser was
also performed by the shell and tube heat exchanger with minitubes – the
mirror structure of the evaporator.

ORC turbine was connected with the condenser by means of a flexible
compensator providing the damping in the system. The vapour microtur-
bine equipped with the alternator was designed and constructed for the
needs of prototype micro-CHP, with ethanol as the working fluid. The
electric generator was mounted on the turbine shaft, directly behind its
low pressure part. The turbine and generator had then the common cas-
ing, Fig. 3. The rotor disk is shown in Fig. 4.

Described micro-turbogenerator had following features:

• electrical power output 1.8–1.9 kW,

• rotational speed of rotor n ≈ 36000 rpm,

• mass flow rate of ethanol 24 g/s,

• vapour pressure at the turbine inlet, 0.7 MPa,

• the Mach number at the blade cascade output, Ma ≈ 2.4,
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• oil-free technology for the bearing system design.

Figure 3: View of vapour ORC microturbine.

Figure 4: Turbine rotor disk with generator rotor.

In the next step of studies the authors challenged to create the domestic
CHP cooperated with the classical steam cycle (Rankine Cycle) with water
as the working fluid. This required the replacement of the turbogenerator.
A unit available on the market, dedicated to a steam at low temperature
was used. The turbine with generator is presented in Fig. 5. Applied steam
turbine had two stages with separate generators. The nozzle disk of mi-
croturbine 1st stage is shown in Fig. 6. Nominal operating parameters of
turbine were [15]:

• inlet steam pressure: 0.052 MPa,

• inlet steam temperature: 200 ◦C,

• outlet steam pressure: 0.01 MPa,

• nominal power: 1.2 kW,

• steam consumption: 5 g/s,
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• design rotational speed: 30 000 rpm.

Figure 5: View of microturbine in RC application.

Figure 6: Nozzle disc of microturbine 1st stage.

3 Experimental analysis

3.1 Ethanol system

On the basis of theoretical analysis and previous experimental studies the
dehydrated ethyl alcohol was selected as a working fluid for the ORC mod-
ule [16]. Its physical properties necessary for the thermal calculations, were
taken from REFPROP 9.0 [17].
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In the first stage of experimental analysis the cooperation of a gas boiler
with the ORC module, supporting the start-up of the demonstrative sta-
tion was verified. It was followed by the studies of installed in the ORC
module heat exchangers (evaporator and condenser) performance. In this
case, the expansion valve was simulating the action of the expander. The
results of this stage investigations were reported by authors in [18]. For
better transparency they are also recalled below. Thus the results of mea-
surements and calculations for the evaporator in Tab. 1 and results for the
condenser are summarized in Tab. 2. In addition to the list of mass flow
rate, temperature and pressure, in the tables are also presented the heat
exchanger performance and quality of ethanol, x, at the outlet of the evap-
orator (Tab. 1) and at the inlet to the condenser, i.e., after the throttle
valve (Tab. 2).

Table 1: Micro-ORC evaporator energy balance.

No. Thermal oil Ethanol

Parameter ṁoil tin tout Q̇oil ṁet tin tout P x

Units g/s ◦C ◦C kW g/s ◦C ◦C MPa –

1 297 167.0 142.0 17.66 20 42.4 119.0 0.415 0.858

2 267 164.5 138.5 16.41 20 38.1 116.4 0.380 0.835

3 369 159.0 139.0 17.43 20 49.8 116.1 0.386 0.847

4 352 159.0 138.6 16.97 16 53.3 115.1 0.370 0.998

5 287 162.0 137.7 16.47 17 51.7 114.8 0.359 0.974

6 258 165.5 138.2 16.66 18 49.8 115.0 0.365 0.910

7 201 173.5 139.1 16.45 18 50.4 115.0 0.370 0.921

8 171 178.5 140.3 15.81 18 51.3 115.2 0.372 0.884

9 151 183.8 140.9 15.50 18 51.4 114.8 0.363 0.894

10 146 187.4 145.1 14.95 15 50.2 120.6 0.440 0.997

11 141 193.5 149.5 15.14 15 46.6 126.1 0.511 0.998

At this stage of study it was demonstrated that the adapted boiler could
produce saturated vapour of ethyl alcohol with a dryness factor (quality)
close to unity, when the mass flow was in the range from 15 to 20 g/s
and a pressure in the range 0.36–0.51 MPa, which corresponded to the
saturation temperature in the range 115–126 ◦C. These results served as the
basis for the experiment second stage – system operation with microturbine
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Table 2: Micro-ORC condenser energy balance.

No. Ethanol Water

Parameter ṁet tin P x tout ṁw tin tout Q̇w

Units g/s ◦C MPa – ◦C g/s ◦C ◦C kW

1 20 86.2 0.135 0.846 38.7 100 12.4 52.8 16.98

2 20 85.4 0.133 0.804 39.4 91 12.4 55.0 16.22

3 20 88.6 0.151 0.811 50.4 70 12.8 68.7 16.35

4 16 88.6 0.149 0.985 45.0 70 13.1 66.9 15.80

5 17 88.2 0.149 0.943 44.3 71 13.2 66.2 15.63

6 18 88.2 0.149 0.871 45.9 70 13.5 66.1 15.39

7 18 88.5 0.149 0.899 46.8 70 13.6 67.5 15.76

8 18 88.6 0.151 0.876 46.5 70 13.7 66.7 15.44

9 18 88.4 0.149 0.868 45.5 70 13.7 66.2 15.36

10 15 87.6 0.144 0.981 39.9 70 13.7 63.3 14.58

11 15 87.0 0.142 0.976 40.1 70 13.7 62.5 14.34

instead of the expansion valve. All components of the system remaining in
high-temperature area were covered with thermal insulation to reduce heat
losses.

Measurements of physical quantities done during the ORC module work-
ing, allowed the calculations of following parameters: rate of heat received
by the working medium (ethanol) in the evaporator, Q̇in, rate of heat in
the cooling water in the condenser, Q̇out, generation of electric power, N el,
internal efficiency of the turbine, ηiT , theoretical efficiency of implemented
thermodynamic cycle, ηt, maximum efficiency, i.e., Carnot cycle efficiency
in the min/max working temperature, ηC , and exergy efficiency, ηb. The
results of measurements and calculations are summarized in Tab. 3. The
table additionally features: the mass flow rates of ethanol, temperature
and pressure, the quality of ethyl alcohol vapour, xT _exit, at the turbine’s
outlet.

3.2 Steam system

For the modified micro-CHP adapted to work with steam as the working
fluid it was demonstrated that the gas boiler could produce superheated
steam within the temperature range of 165–200 ◦C in the pressure range
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Table 3: Measurements and calculations results of ORC module.

Q̇in Q̇out Nel ṁet PT _in tT _in PT _exit xT _exit ηiT ηt ηc ηb

kW kW kW g/s MPa ◦C MPa – % % % %

21.26 19.63 0.66 20 0.573 130.4 1.59 0.98 86.0 6,65 22.53 29,52

21.29 19.19 0.71 20 0.529 129.6 1.53 0.99 82.3 6,10 20.66 29,51

21.48 18.84 0.76 19 0.604 143.2 1.56 – ∗ 81.8 6.40 23.54 27.21

* superheated vapour (∆tsuperheat= 4.7 K)

0.45–0.57 MPa, when the mass flow was in the range 4.4–5.8 g/s. For
the preliminary test of RC module the following parameters were deter-
mined: rate of heat received by steam in the evaporator (Q̇in), rate of heat
transferred to the cooling water in the condenser (Q̇out), generated electric
power (N el), internal efficiency of the turbine (ηiT ), theoretical efficiency
of implemented thermodynamic cycle (ηt), maximum efficiency (ηC), and
exergy efficiency (ηb). The results of measurements and calculations are
summarized in Tab. 4. In that table there are also included: the mass flow
rates of steam, the temperature and pressure before/behind the turbine,
the quality of steam at the turbine’s outlet.

Table 4: Measurements and calculations results of RC module.

Q̇in Q̇out Nel ṁet PT _in tT _in PT _exit xT _exit ηiT ηt ηc ηb

kW kW kW g/s MPa ◦C MPa – % % % %

14.58 12.39 0.92 5.31 0.520 180.6 0.036 0.96 61.9 9.66 36.34 26.59

13.43 10.89 0.84 4.85 0.489 190.4 0.035 0.97 62.1 9.59 37.62 25.49

11.93 10.05 0.78 4.40 0.450 166.4 0.027 0.95 62.2 10.04 33.85 29.67

12.39 10.55 0.88 4.52 0.456 179.3 0.021 0.96 59.8 10.88 35.81 30.38

14.92 12.90 1.00 5.40 0.535 190.8 0.022 0.97 56.2 10.30 37.50 27.47

15.53 13.23 1.04 5.60 0.540 195.4 0.023 0.98 53.4 10.31 38.14 27.04

15.97 14.07 1.08 5.75 0.570 198.4 0.023 0.98 53.4 10.42 38.53 27.05

During the test of RC module the power characteristics of two generators
with constant load resistance were determined. The characteristic of at-
tained power versus 1st generator’s rotational speed for the applied load
resistance of 60 Ω is shown in Fig. 7. The 2nd generator’s with load resis-
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tance of 131 Ω corresponding characteristic is presented in Fig. 8.

Figure 7: Power characteristics of turbogenerator 1st stage with load resistance of 60 Ω.

Figure 8: Power characteristics of turbogenerator 2nd stage with load resistance of 131 Ω.

4 Conclusions

This paper presents the prototype of a domestic ORC micropower plant
with a gas boiler as an autonomous source of heat. It allows the cogen-
erative production of thermal energy and electricity in terms of covering
the needs for the individual household. The design is innovative due to the
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compactness, mobility and original solutions of the evaporator and con-
denser.

In the course of studies it was demonstrated that the De Dietrich gas
boiler allowed generation of ethyl alcohol saturated/superheated vapour of
a mass flow rate at the level of 20 g/s at the pressure of 0.6 MPa. Obtained
thermal parameters of vapour allowed to run a prototype microturbine and
the generation of 760 W electric power.

In addition, the preliminary test proved that the RC module in cooper-
ation with gas boiler was able to produce superheated steam of 5 g/s mass
flow rate at the pressure of 0.5 MPa with temperature of about 200 ◦C.
These parameters were sufficient to generate about 1 kW of electric power
by the steam turbine. In the authors opinion the commonly available gas
boiler is suitable for ORC or RC modules in terms of cogeneration.

Due to the absence of ORC/RC modules casing in micro-CHP unit,
the noise analysis was not yet conducted during the turbogenerators op-
eration. This issue will be undertaken, when the prototypes are equipped
with soundproof casing. The results will be then compared with European
Union directives, dedicated to an evaluation of the heating devices energy
efficiency class [19,20].

Proposed solution of combining commercial heat source, which is a gas
boiler, with the ORC or RC module can be an interesting alternative for
small households. This solution enables simultaneous production of elec-
tricity and heat. It should be noted that the production of electricity in
the presented installation is only possible if there is demand for thermal
energy. The expected period of operation for the installation is mainly the
heating season, i.e., the period in which water is prepared for the central
heating and for utility purposes. During summer, when the household’s de-
mand for heat is reduced, it is possible to apply different renewable energy
technologies, such as photovoltaic for the support of ORC module in power
generation [21]. Alternatively, in the summer period the ORC system can
supply heat to the adsorption refrigeration system, extending in such way
the alternativeness of the installation.
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Abstract The paper discusses thermodynamic phenomena accompany-
ing the flow of gas in a slotted seal. The analysis of the gas flow has been
described based on an irreversible adiabatic transformation. A model based
on the equation of total enthalpy balance has been proposed. The iterative
process of the model aims at obtaining such a gas temperature distribution
that will fulfill the continuity equation. The model allows for dissipation of
the kinetic energy into friction heat by making use of the Blasius equation to
determine the friction coefficient. Within the works, experimental research
has been performed of the gas flow in a slotted seal of slot height 2 mm.
Based on the experimental data, the equation of local friction coefficient was
modified with a correction parameter. This parameter was described with
the function of pressure ratio to obtain a mass flow of the value from the
experiment. The reason for taking up of this problem is the absence of high
accuracy models for calculating the gas flow in slotted seals. The proposed
model allows an accurate determination of the mass flow in a slotted seal
based on the geometry and gas initial and final parameters.

Keywords: Slotted seals; Annular slot; Friction coefficient; Gas flow

Nomenclature

A – flow area, m2

B – model matrix
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∆T – temperature difference vector
∆ṁ – mass flow difference vector
Ce – correction parameter of friction coefficient cf

cf – friction coefficient
cp – specific heat, J/kg K
R – gas constant, J/kg K
Re – Reynolds number
T – temperature, K
O – wetted circumference for the gas flow, m
L – length of the seal, m
h – specific enthalpy, J/kg
HS – slot height, m
∆p – pressure drop, Pa
ṁ – mass flow, kg/s
p – pressure, Pa
q – heat of friction, J/kg
u – velocity, m/s
x – linear dimension alongside the gas flow, m

Greek symbols

δ – calculations accuracy
κ – isentropic exponent
λ – friction coefficient
∆ – increment of a given parameter
ν – gas kinematic viscosity, m2/s
ρ – gas density, m3/kg
τ – static tension, Pa

Subscripts and superscripts

1 – value at the inlet to the seal
2 – value at the outlet of the seal
e – value obtained in the experiment
i – value for the ith element
it – number of iterations
m – value obtained from the model
max – maximum value
n – number of elements
s – value referred to the isentropic transformation
T – transpose
x – distance from the beginning of the seal
(̄·) – averaged value

1 Introduction

Slotted seals are applied in steam turbines to minimize steam leakage in
the regulating valve spindles. They are also applied in compressors and
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combustion engines in piston cylinder assemblies. Such type of seal sig-
nificantly influences the efficiency of many machines. The influence of the
slot height on the efficiency of a piston engine was analyzed in [6]. Pre-
sented method enable the determination of the rate of incompressible liquid
leakage through a slotted seal [2,8–12]. These methods are based on the
Bernoulli equation with regard to experimentally obtained coefficients of
of linear and local resistance. The results of the described methods have
been presented for different geometries of the seal and pressure drop for
both stationary and dynamic (rotating shaft) states. Paper [7] includes
the analysis of gas flow in a short labyrinth seal based on experimental
research using one dimensional theory. In the description of the mass flow,
the authors of this paper, using one-dimensional theory, applied the gas
flow model for a short pipe. Paper [1] includes the model allowing for the
influence of tangential tensions in a two disc, one-sided seal geometry. The
experimental research on the determination of coefficients of friction losses
for short segments of one-sided seals have been presented in [14,16].

Equations for laminar and turbulent flows of compressible and incom-
pressible liquids in slotted seals have been described in [15]. However, they
provide mass flows far from those obtained in the experiments performed
by the authors. In works related to slotted seals there is a deficit of meth-
ods providing satisfactory accuracy of calculations applicable in the flow of
compressible liquids.

The thermodynamic parameters of gas flowing through any type of seal
change along its length [3–5], which also includes the discussed slotted seal.
Pressure, temperature, density and gas velocity are changed in the first
place. This paper presents a model of gas flow in a slotted seal based on
the friction coefficient obtained in the experimental research.

2 Calculation model

The flow of gas in a slotted seal is triggered by the pressure gradient. The
mass flow of gas is reduced by the flow resistance generated by the tangen-
tial tensions between the gas and the seal walls [7,13,15]. The relation can
be described with a set of equations in which, due to the gas flow, averaged
values were applied referred to the conditions at the inlet and outlet of the
seal

{

∆pA = τOL

τ = cf ρ̄ ū2

2

, (1)
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where the average value of the gas density is determined by the formula
ρ̄ = p1+p2

R(T1+T2) . Assuming that the gas flow in the seal segment is realized
according to the irreversible adiabatic process we can write the relation
between kinetic energy, static enthalpy, work of friction and heat of friction
[13]

d

(

u2

2

)

+ dh + dLf − dqf = 0 , (2)

where dLf =
cf,iu

2
i

HS dx, dqf = dTf cp, dLf = dqf , and the subscript i denotes
value for the ith element.

Considering Eqs. (1) and (2) for the flowing gas in ith portion of the
length of xi+1 − xi (Fig. 1.) we can determine the increase in gas temper-
ature by ∆Tf,i resulting from the friction heat generated by dissipation of
kinetic energy

∆Tf,i = cf,i
u2

i

cp

xi+1 − xi

HS
. (3)

This heat leads to an increase in the temperature and a reduction of the
gas density that directly influences the velocity and flow resistance. Under
measurement conditions, it is difficult to exclude or estimate the flow of
heat between the seal in the walls and the decompressing gas. Without
a doubt it has an effect on the final temperature of gas. The said heat flow
together with the kinetic energy dissipated into friction heat influence the
drop of the gas pressure ∆p in the segment of the seal. The model presented
in the paper is based on the assumption of constant total enthalpy. In the
model, a local friction coefficient was taken into account according to the
Blasius equation for a turbulent gas flow over flat surface [16]

cf,i =
0.0592

Re0.2
x,i

, (4)

where Rex,i = uix
νi

– local Reynolds number.
The seal of diameter D, length L and height of slot HS is divided in

to n numbers of elements. We know the initial and final parameters of
the medium: p1, T1, pn+1. In the initial phase of the calculations the
final temperature is assumed as Tn+1 = T2s, which results from the isen-
tropic transformation and a linear temperature drop. The distribution of
gas temperature in the iterative process is corrected by the increment of
temperature (3) resulting from the friction work (2).

The flowing gas is decompressed and its temperature varies longitudi-
nally. In the model, the following has been assumed:
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Figure 1: Geometry of the slotted seal.

• linear distribution of pressure,

• flow of gas with constant total enthalpy,

• mass flow of gas is limited by friction as per Eq. (4).

The presented model is applied in calculations of subsonic velocities of gas.
In the model, the continuity equation for the ith and i+1 cross-sections

was taken into account
ṁi = Aρiui , (5)

ṁi+1 = Aρi+1ui+1 , (6)

as well as the equation of state

pi

ρi
= RTi , (7)

pi+1

ρi+1
= RTi+1 , (8)

and condition of conservation of mass flow between the calculation nodes:

ṁi = ṁi+1 . (9)

The equation of total enthalpy for the calculation cell between the ith and
i + 1 cross-sections has been written as follows:

Ticp +
u2

i

2
= Ti+1cp + ∆Ti+1cp +

u2
i+1

2
=

= Ti+1cp +
u2

i+1

2

(

1 + cf,i
xi+1 − xi

HS

)

. (10)

In the main model described by Eq. (10) the flow resistance triggered by
the friction was taken into account causing dissipation of kinetic energy
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into heat dqf (2).
Equations (5)–(10) written for n + 1 cross-sections have an unknown

mass flow, velocity in each cross-section and density as well as temperature
in cross sections 2 to n. The mass flow resulting from Eqs. (5)–(10) can be
written as

ṁi =





2A2cpp2
i p2

i+1 (Ti − Ti+1)

R2
[(

1 + cf,i
xi+1−xi

HS

)

p2
i T 2

i+1 − p2
i+1T 2

i

]





0.5

. (11)

Assuming the constants

C1 = 2A2cpp2
i p2

i+1 , (12)

C2 = R2
(

1 + cf,i
xi+1 − xi

HS

)

p2
i , (13)

C3 = R2p2
i+1 , (14)

Eq. (11) takes the form

ṁi =

[

C1 (Ti − Ti+1)

C2T 2
i+1 − C3T 2

i

]0.5

. (15)

Complete differential of the function of mass flow describes the change of
the mass flow of gas flowing through the ith element depending on the
temperature change at the beginning and end of a given element. The
change was determined in the following way:

dṁi =
∂ṁi

∂Ti
dTi +

∂ṁi

∂Ti+1
dTi+1 . (16)

The above equation transformed to finite increments can be written as
follows:

∆ṁi =
∂ṁi

∂Ti
∆Ti +

∂ṁi

∂Ti+1
∆Ti+1 , (17)

adopting notation (15) of the mass flow equation, the partial derivatives in
equation (17) have the following form:

∂ṁi

∂Ti
= 0.5

[

C1 (Ti − Ti+1)

C2T 2
i+1 − C3T 2

i

]−0.5

× C1C2T 2
i+1 + C1C3

(

T 2
i − 2TiTi+1

)

(

C2T 2
i+1 − C3T 2

i

)2 ,

(18)
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∂ṁi

∂Ti+1
= 0.5

[

C1 (Ti − Ti+1)

C2T 2
i+1 − C3T 2

i

]−0.5

× C1C2
(

T 2
i+1 − 2TiTi+1

)

+ C1C3T 2
i

(

C2T 2
i+1 − C3T 2

i

)2 .

(19)
The vector of finite increments of mass flows can be described with the
expression

∆ṁi−∆ṁi+1 =
∂ṁi

∂Ti
∆Ti+

(

∂ṁi

∂Ti+1
− ∂ṁi+1

∂Ti+1

)

∆Ti+1− ∂ṁi+1

∂Ti+2
∆Ti+2 (20)

for i = 1, . . . , n − 1.
The presented method enables a notation of a matrix equation

B∆T = ∆ṁ . (21)

Based on the right sides of the (n-1) set of Eqs. (17) matrix B was created

(22)
and vector ∆T, whose elements are defined in the following manner

∆T =
[

∆T1 ∆T2 . . . ∆Tn−1

]T
. (23)

The vector of differences of the mass flows was obtained from Eq. (20) based
on the assumed drop of pressure and calculated drop of temperature

∆ṁ =
[

∆ṁ1 ∆ṁ2 . . . ∆ṁn−1

]T
, (24)

where

∆ṁi = ṁi − ṁi+1 =

[

C1 (Ti − Ti+1)

C2T 2
i+1 − C3T 2

i

]0.5

−
[

C1 (Ti+1 − Ti+2)

C2T 2
i+2 − C3T 2

i+1

]0.5

(25)
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for i = 1, . . . , n − 1. The superscript T denotes transpose of the vector.
By multiplying Eq. (21) by the matrix inversed to matrix B we obtain

an unknown vector of temperature changes ∆T. The initially assumed
linear gas temperature distribution is corrected iteratively by vector ∆T.
This gives the correction of vector ∆ṁ. This is a quickly convergent process
aiming at preservation of the continuity of flow, hence obtaining very small
components of the vector of mass flow differences ∆ṁ → 0.

The end of the iterative calculations occurs when the maximum value
of the component of the vector of mass flow differences, referred to the
average value of the mass flow, obtained for n + 1 cross-sections in a given
iteration is smaller or equal to the assumed calculation accuracy δ = 10−5:

|∆ṁmax,it|
¯̇mit

≤ δ . (26)

The first part of the iterative calculations was preformed for a linear dis-
tribution of gas temperature. This distribution continues from the initial
temperature obtained from the measurement through the final temperature
resulting from the isentropic transformation.

In the next phase of calculations, based on the obtained vectors u, ρ,

T, temperature vector T is enlarged by the temperature increment vector
resulting from friction ∆Tf as per Eq. (3)

T = T + ∆Tf . (27)

Taking into account Eq. (27) results in a change of the gas temperature
distribution in the cross-sections from 2 to n + 1. Then, based on the
initial temperature T 1 and corrected final temperature T n+1 the iterative
model aims at such a temperature distribution that will ensure a continuity
of flow with condition (26). The source code of the presented calculation
algorithm has been written in Fortran.

3 Comparison of experimental data with the model

calculation results

The experimental research was performed on a test stand described in [3].
The tests were preformed for the seal of diameter D = 0.15 m, length
L = 0.2 m and slot height HS = 0.002 m (Fig. 1). The data obtained in
the experiment have been included in Tab. 1.
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Table 1: Gas thermodynamic parameters and mass flows obtained in the experimental
research and in the model.

No. p1 [Pa] T 1 [K] p1/p2 [–] ṁe[kg/s] ṁm[kg/s]

1 148122 295.9 1.54 0.2554 0.1820

2 144556 295.7 1.50 0.2458 0.1676

3 139989 295.4 1.45 0.2329 0.1478

4 135842 295.2 1.40 0.2203 0.1246

5 131625 294.8 1.35 0.2073 0.0948

6 127835 294.5 1.30 0.1931 0.0466

7 123969 294.2 1.25 0.1790 –

8 119905 293.7 1.20 0.1599 –

9 115823 293.3 1.15 0.1395 –

Including the friction in the model using the Blasius Eq. (4) results in an
elevated friction-based flow resistance. As an effect, a much smaller gas
mass flow was obtained in the model compared to the experiment (Tab. 2,
Fig. 2).

Figure 2: The mass flow obtained in the experiment and in the model including friction
as in Eq. (4).

Besides, the application of Eq. (4) results in a situation when the range
of applicability of the model is limited by small ratios of pressure p1/p2 ≥
1.3. This limitation results from conditions Ti − Ti+1 > 0 in Eq. (11). In
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order for the model to work properly, the temperature of gas flowing in the
seal must be decreasing. Hence, the gas temperature drop following the
decompression must be greater than the temperature increment caused by
friction ∆Tf,i.

The lines representing the values of local friction coefficients cf,i for
different pressure ratios are similar to parallel (Fig. 3). We may, thus
apply, in Eq. (4), a constant correction parameter on the entire length of
the seal causing a reduction of the friction effect.

Figure 3: Local values of the friction coefficient on the seal length for the analyzed pres-
sure drops p1/p2.

Based on the experimental data, the equation was corrected by friction
coefficient (4) adding parameter Ce in the numerator of equation

cf,i =
0.0592 + Ce

Re0.2
x,i

. (28)

Parameter Ce was determined numerically so that the mass flow obtained
from the model was equal to the value obtained in the experiment. The
variability of Ce (Tab. 2.) as a function of pressure ratio has been shown
in Fig. 4. The correction parameter of the local friction coefficient (28)
was approximated by quadratic function

Ce = −0.0186

(

p1

p2

)2

+ 0.084

(

p1

p2

)

− 0.105 . (29)
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Table 2: Values of the parameter correcting friction coefficient cf,i in Eq. (28) for condi-
tion ṁm = ṁe.

No. p1/p2 [–] Ce [–]

1 1.54 -1.97E-02

2 1.50 -2.07E-02

3 1.45 -2.19E-02

4 1.40 -2.34E-02

5 1.35 -2.54E-02

6 1.30 -2.68E-02

7 1.25 -2.95E-02

8 1.20 -3.09E-02

9 1.15 -3.24E-02

Figure 4: Parameter Ce correcting the local friction coefficient (28) as a function of pres-
sure ratio p1/p2.

For selected pressure ratios p1/p2 in Fig. 5 a change in the gas velocity was
presented as a function of length of the seal obtained from the calculation
model. For the greatest pressure ratio p1/p2 equal to 1.54 the gas velocity
clearly increases (Fig. 6.). High gas velocities in the seal may significantly
intensify the heat transfer between the gas and the seal on the walls. For
lower pressure ratios, the velocity increase follows the linear trend.

The change in the initial temperature of gas is a consequence of the
experimental data. For parameter p1/p2 1.54 we can see the greatest drop of
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Figure 5: Distribution of the gas velocity on the length of the seal x for selected pressure
ratios p1/p2.

Figure 6: The change in the gas temperature on the length of the seal allowing for the
friction heat according to Eqs. (10) and (28).

temperature resulting from the gas decompression. The lower the pressure
ratio the lower is the drop of gas temperature (Fig. 6).
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4 Conclusions

The presented calculation model based on the local friction coefficient, cf,i,
determined by the Blasius equation, gives the mass flow values that are
much underestimated compared to the experimental data (Fig. 2). The in-
troduction of the correction parameter, Ce, being a function of the pressure
ratio in friction coefficient, cf,i, enables obtaining of a accurate values of
the mass flow through the model. The upper range of the pressure ratio,
p1/p2, was limited by the measurement capability of the test facility. The
proposed model allows for consideration of the kinetic energy dissipation in
the form of heat, which allows the inclusion of the gas temperature incre-
ment. The model allows determining of the distributions of temperature,
velocity and other gas thermodynamic parameters with a high level of ac-
curacy. For significant differences of the seal wall and gas temperatures
as well as high gas velocities, the heat transfer from the walls to the gas
may significantly influence the leakage rate of the working medium in the
slotted seal.
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Abstract The current paper presents the experimental validation of the
generalized model of the two-phase thermosyphon loop. The generalized
model is based on mass, momentum, and energy balances in the evapora-
tors, rising tube, condensers and the falling tube. The theoretical analysis
and the experimental data have been obtained for a new designed variant.
The variant refers to a thermosyphon loop with both minichannels and con-
ventional tubes. The thermosyphon loop consists of an evaporator on the
lower vertical section and a condenser on the upper vertical section. The
one-dimensional homogeneous and separated two-phase flow models were
used in calculations. The latest minichannel heat transfer correlations avail-
able in literature were applied. A numerical analysis of the volumetric flow
rate in the steady-state has been done. The experiment was conducted on
a specially designed test apparatus. Ultrapure water was used as a work-
ing fluid. The results show that the theoretical predictions are in good
agreement with the measured volumetric flow rate at steady-state.

Keywords: Thermosyphon loop; Two-phase flow; Minichannels

Nomenclature

A – cross-section area of the channel, m2

B – width, m
cp – specific heat at constant prtessure, J/Kg K
D – internal diameter of the tube, m

Ġ – mass flux, kg/m2s
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g – acceleration, m/s2

H – height, m
h – heat transfer coefficient, W/(m2K)
L – total length of the closed loop, m
LH – length of heated section, m
LC – length of cooled section, m

ṁ – mass flow rate, kg/s, ṁ = V̇ ρ
p – pressure, Pa

Q̇ – heat flow rate, W
q̇ – heat flux, W/(m2)
s – axial coordinate around the loop, m
U – wetted perimeter, m

V̇ – volumetric flow rate, m3/s
x – quality of vapour

Greek symbols

α – void fraction, –
β – volumetric coefficient of thermal expansions, 1/K
ε – see Eq. (3)
ρ – mass density, kg/m3

τw – wall shear stress, N/m2

λ – thermal conductivity, W/mK

Subscripts and superscripts

C – cooler
H – heater
i, j, k, n – indices
L – liquid
V – vapour
1P, 2P – single-, two-phase
L0 – liquid phase only
F r – friction
LOC – local
ss – steady-state
T OT – total
0 – reference of steady state

Other symbols

< · > – per unit of time

1 Introduction

Trend towards the miniaturization of electronic devices creates specific heat
dissipation problems. The two-phase thermosyphon loop has been exten-
sively investigated for its possible applications in the cooling systems of
electronic devices by many researchers [1–5]. In fact, there is still a need
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for further studies to understand the thermosyphon cooling process.
The main purpose of this study is to present the experimental validation

of the generalized model of two-phase thermosyphon loop. The generalized
model of the two-phase thermosyphon loop and its different variants were
demonstrated in previous papers [2,6–12]. This paper presents the theoret-
ical analysis and the experimental data obtained for a new designed variant
particularly suited for computer cooling requirements. The variant refers
to a thermosyphon loop with both minichannels and conventional tubes.
The thermosyphon loop consists of an evaporator on the lower vertical sec-
tion and a condenser on the upper vertical section. The presented variant
configuration with the evaporator (single-conventional tube) and condenser
(single-minichannel tube) has not previously been experimentally investi-
gated by other researchers. A numerical prediction of the volumetric flow
rates in the steady-state has been done by examining the presented vari-
ant. The experiment was conducted on a specially designed test apparatus.
Ultrapure water was used as a working fluid.

The generalized model is based on conservation equations of mass, mo-
mentum, and energy balances in the evaporators, rising tube, condensers
and the falling tube. The one-dimensional homogeneous and separated two-
phase flow models were used in calculations. The one-dimensional model
was analyzed because the ratio of the channel loop diameter to the length
of the channel was negligibly small. The results of these models were com-
pared in terms of the volumetric flow rate. The generalized model can
predict the thermosyphon loop system characteristics such as volumetric
and mass flow rate, mass flux, heat transfer coefficient in flow boiling and
condensation in minichannels and conventional tubes, local and friction re-
sistance for a single- and two-phase flow in thermosyphon loop, geometrical
parameters of the loop, thermal parameters of the heaters and coolers, sta-
bility of the onset of a global fluid motion in thermosyphon loop. One of the
most important parameters used to describe the flow behavior and thermal
performance of a natural circulation inside the thermosyphon loop is the
volumetric and mass flow rate. The mass flow rate depends on properties
of working fluid.

Many simulation studies have been undertaken to investigate the heat
transfer behavior and two-phase fluid flow in the thermosyphon loop. Be-
cause of a lack of understanding about the dynamic nature of the flow and
heat transfer in a thermosyphon, there is an increasing demand for vali-
dation experiments. Lamaison et al. [13] presented and validated a novel
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dynamic simulation tool for predicting the behavior of a two-phase mini-
thermosyphon with microchannels. Both the mini-thermosyphon and sim-
ulation tool was successfully applied for the retrofitting of a commercial
server by cooling its two CPU processors. The study shows that a 30%
increase in the riser diameter led to 60% increase in the mass flow rate
depending on the heat flux. The multi-microchannel evaporator model was
presented. The predicted mass flow rates demonstrate the gravity dominant
regime (GDR) at low heat flux and the friction dominant regime (FDR) at
high heat flux. Comparisons with the experimental values of mass flow rate
are planned. Archana et al. [14] investigated the flow initiation transient
and steady-state flow in the natural circulation loop. Their results were also
validated by experiments. Authors suggested that the oscillations in the
mass flow rate are caused by the friction force and buoyancy force. A steady
state is reached when the buoyancy force is balanced by the frictional force.
The mass flow rate increases with the increase in the power. They reported
a very high amplitude oscillation at low power start-up. This peak of am-
plitude confirmed the existence of type I instability in the first unstable
zone in the two-phase region. Lemos et al. [15] studied the correlation be-
tween two-phase flow pattern and thermal behavior of a natural circulation
loop. Authors reported the results of flow rate measurements. The flow
rate oscillations were identified. The oscillations exceeded a certain value
(plateau) by running the experiment. The visualization of two-phase nat-
ural circulation flow was made using the high-speed camera. Vijayan et al.

[16] studied experimentally and theoretically the effect of loop diameter on
the steady-state and stability behavior of single-phase and two-phase natu-
ral circulation loops. Garrity et al. [17] investigated instability phenomena
in a two-phase thermosyphon loop consisting of a microchannel evaporator
and a condenser. The comparison between the experimental and simula-
tion results obtained for the mass flow rate was reasonable. Franco et al.

[18] designed an experimental test rig. They analyzed the thermodynamic
behavior of a working fluid in closed loop two-phase thermosyphon. Results
showed that the mass flow rate increases with growing input power rang-
ing approximately from 0 to 1.7 kW. Higher instabilities were observed at
higher heat loads. Authors presented a comprehensive review summarizing
the results from many experimental studies for a small dimension two-phase
closed-loop thermosyphon [19]. Khodabandeh [3,4] carried out extensive in-
vestigations on a rectangular thermosyphon loop with minichannels heated
from below and cooled above with isobutane as a working fluid. The ex-
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perimental results show that the heat transfer coefficient increases with
increasing heat flux. Chen et al. [20] studied rectangular thermosyphon
loops with horizontal heat transfer sections. This investigation was fo-
cused on determining the optimum configuration of the loop based on both
the convection heat transfer coefficient and friction factor. Dobson et al.

[21,22] simulated and experimentally verified the heat transfer and fluid
flow in a rectangular thermosyphon loop with conventional channels and
suggested that the proposed concepts for cooling can be used in the cooling
system of the reactor cavity. Agostini et al. [1,23] proposed a solution of
two-phase thermosyphon loop for the cooling of power electronics semicon-
ductor modules. Their study shows potential use of the two-phase flow
in the domain of electronic cooling and high-efficiency heat transfer from
a source to a final cooling media. Cieśliński and Fiuk [24] studied ex-
perimentally the two-phase thermosyphon loop with horizontal evaporator
and horizontal condenser using water, methanol and refrigerant R-141b as
working fluids. Cieśliński [25] measured also the effect of concentration of
the water-based Al2O3-nanofluid on thermal performance of the two-phase
thermosyphon heat exchanger.

A natural circulation occurs in the thermosyphon loop. During the
natural convection the heat is transported in the thermosyphon loop from
a source to a sink. Fluid flow in a thermosyphon loop is created by the
buoyancy force that evolves from the density gradients induced by tem-
perature differences in the heating and cooling sections of the loop. An
advanced two-phase thermosyphon loop consists of an evaporator, where
the liquid boils; and a condenser, where the vapour condenses back to liq-
uid; a riser and a downcomer connect these parts. Heat is transferred as
the vaporization heat from the evaporator to the condenser. The ther-
mosyphon is a passive heat transfer device, which makes use of gravity for
returning the liquid to the evaporator. The thermosyphon loops are by far
better solution than other cooling systems because they are pumpless. The
closed loop thermosyphon is also known as a ‘liquid fin’ [26] (Fig. 1).

The single- and two-phase thermosyphon loops find many industrial ap-
plications [27,28], such as, for example: distillation process, steam genera-
tors, thermosyphon reboilers, chemical reactors, emergency cooling systems
in nuclear reactor cores and reflux boiling systems in light water reactor
cores, solar heating and cooling systems, geothermal energy generation and
thermal diodes [6,7]. The thermal diode is a device, which allows the heat
to be transferred in one direction, and blocks the heat flow in the opposite
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Figure 1: Schematic illustration of
the liquid fin heated from
below and cooled from
above.

Figure 2: Schematic illustration of the thermal
diode heated simultaneously from
below and symmetrically from the
sides.

direction (Fig. 2).
The thermosyphon effect is observed in loop heat pipe (LHP) if the evapora-
tor is located below the condenser. A loop heat pipe is a completely passive
heat transfer device, and consists of an evaporator, condenser, compensa-
tion chamber and some smooth transport lines for the vapour and liquid
flows as shown in Fig. 3. The thermosyphon effect for cooling electronic
devices can be applied in innovative miniature loop heat pipe (mLHP) with
the evaporator located on the loop below the condenser.

The prototype of mLHP consists of a flat minievaporator and capil-
lary pump. The porous wick material is placed inside capillary pump. The
complete condensation of the medium takes place in a minicondenser. Both
the mini-evaporator and mini-cooler are connected to the separate liquid
and vapour channels. The high friction losses in mLHP can be reduced
because the liquid/vapour phase flow in the separated channels and the
porous wick is only present in minievaporator. The flat-shaped minievapo-
rator is integrated with a capillary pump. The wicks generate the capillary
pumping pressure, which is required to transport a working fluid along
mLHP. The thermosyphon effect can also be applied in concept presented
by Mikielewicz et al. [29] of micro-CHP-cogeneration where evaporator is
located below condenser. The use of capillary forces for pumping of the
working fluid in the Clausius–Rankine cycle is a new idea that allows the
reduction or even the elimination of the pumping device in such cycles. It
is also possible to exploit the gravity force to support the operation of a cir-
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Figure 3: Idea scheme of miniature loop heat pipe (mLHP) with thermosyphon loop.

culation pump by placing the evaporator below the condenser and creating
the thermosyphon loop.

In this study the presented variant of the rectangular thermosyphon
loop with minichannels can be applied to describe the computer cooling
system. The lower horizontal heater can be treated as a CPU processor
located on the motherboard of personal computer and the lower vertical
heater can simulate a chip located on vertical graphic card. The cooler
must be placed above the heaters on the computer chassis. Heat exchang-
ers are connected by minichannels filled with the liquid refrigerant.

2 Theoretical investigations

2.1 The generalized model of two-phase thermosyphon loop

A schematic diagram of the generalized model of two-phase thermosyphon
loop is shown in Fig. 4. The thermosyphon loop is heated by three heaters
in section: H1(s0 ≤ s ≤ s1), H2(s3 ≤ s ≤ s4), and H3(s6 ≤ s ≤ s7) by
a constant heat flux: q̇H1 , q̇H2 , q̇H3, respectively and cooled from three
coolers in section C1(s8 ≤ s ≤ s9), C2(s11 ≤ s ≤ s12), and C3(s14 ≤
s ≤ s15) by a constant heat flux q̇C1, q̇C2 , q̇C3, respectively. The heated
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and cooled regions of the thermosyphon loop are connected by perfectly
insulated channels. The coordinate s along the loop and the characteristic
geometrical points on the loop are marked with sn, as shown in Fig. 4.
The total length of the loop is denoted by L, the internal diameter of the
channel of the individual region is denoted by Dk, the cross-sectional area
of the individual channel is denoted by Ak and the wetted perimeter by
Uk. Thermophysical properties of fluid: ρ – density, cp – specific heat at
constant pressure, λ – thermal conductivity.
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Figure 4: Schematic diagram of the generalized model of thermosyphon loop.

Using the generalized model it is possible to apply a different number of
heaters and coolers. These heat exchangers can be placed at different lo-
cations on the loop. For example, the heat sources can be sitted at the
bottom horizontal pipe or on the right/left vertical channels; similarly, the
heat sinks can be chosen at the top horizontal pipe or on the right/left verti-
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cal channels. It is shown that this generalized model can be used to describe
any possible individual variants of thermosyphon loop including the earlier
variants developed by the author [2, 8–12]. Fluid flow in a thermosyphon
loop is created by the buoyancy force that evolves from the density gradi-
ents induced by temperature differences in the heating and cooling sections
of the loop.

The following assumptions are made in this study:

1. Thermal equilibrium exists at any location of the loop.

2. Incompressibility, because the flow velocity in the natural circulation
loop is relatively low compared with the acoustic speed of the fluid
under current model conditions.

3. Viscous dissipation in the fluid is neglected in the energy equations.

4. (D/L) ≪ 1; one-dimensional model is applied for the heat transfer
and fluid flow in both single- and two-phase regions.

5. Fluid properties are constant, except density in the gravity term.

6. A linearly varying quality function x(s) is assumed according to the
study published in [27,30,31].

7. Single-phase fluid and two-phase mixture can be selected as the work-
ing fluid:

(a) if the Boussinesq approximation is valid for a single-phase sys-
tem, then density is assumed to vary as ρ = ρ0 [1 − β (T − T0)]

in the gravity term where β = 1
v

(

∂v
∂T

)

p
, (v – specific volume, ‘0’

is the reference steady state),

(b) two-phase friction factor multiplier R2P is used to calculate the
frictional pressure loss in heated, cooled and adiabatic two-phase
sections in the two-phase system: ∆p2P, F r = R2P × ∆pL0, F r;

(c) homogeneous or separated model of two-phase flow can be used
to evaluate the friction pressure drop.

8. Two-phase mixture density ρ is given by the weighting of void fraction
[17]

ρ =

{

ρL for liquid
ρV for vapour

ρ = (1 − α) ρL + αρV ; for two-phase mixture

(1)
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9. Friction coefficient is constant in each region of the loop.

10. Changes of the potential energy in energy equation are neglected.

11. According to the model shown in Fig. 4 the incomplete evaporation
and condensation of working fluid occurs in the heaters (H1), (H2),
and (H3), and in the coolers (C1) and (C2), respectively. It was
assumed that the working fluid is treated as the two-phase medium
in the region (s0 ≤ s ≤ s15).

12. It was assumed that the sections 〈s1 ; s3〉, 〈s4 ; s6〉, 〈s7 ; s8〉, 〈s9 ; s11〉
and 〈s12 ; s14〉 are the adiabatic sections.

Due to the symmetry of the heating and cooling sections to the vertical
axis, as shown in Fig. 4, the working fluid can flow incidentally in clockwise
or counter clockwise direction. In case of the flow in clockwise direction two
heaters (H2, H3) force the circulation of fluid around the loop and the third
heater (H1) prevents the circulation. In case of the flow in counter-clockwise
direction, two heaters (H2, H1) support the fluid circulation around the loop
whereas the third one (H3) prevents the circulation. A good example for
the technical solution responding to discussed cases can be the ‘liquid fin’
[26] or the ‘thermal diode’ [6,7].

2.2 The governing equations

Under the above assumptions, the single-dimensional, steady-state govern-
ing equations for natural circulation in two-phase thermosyphon loop can
be written as follows [2,8–12]:

• conservation of mass:

∂ρ

∂τ
+

∂

∂s
(ρw) = 0 , (2)

where ρ – mass density, s – axial coordinate, τ – time, w – velocity;

• conservation of momentum:

ρ

(

∂w

∂τ
+ w

∂w

∂s

)

= −∂p

∂s
+ ερg̃ − τw

U

A
, (3)

where ε = 0 for ~e⊥~g, ε = (+1) for ~e ↑ ∧ ~g ↓, and ε = (−1) for ~e ↓ ∧
~g ↓; g̃ = ~e ·~g = g cos(~e,~g); |~g| = g; |~e| = 1; ~g is an acceleration vector,
~e is a versor of the coordinate around the loop, ↑ – sense of a vector
and τw – wall shear stress;
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• conservation of energy:

∂T

∂τ
+ w

∂T

∂s
= a

∂2T

∂s2
+



















0 for adiabatic section

− qCU
cpρA for cooled section

+ q̇H U
cpρA for heated section



















, (4)

where a = λ
ρcp

– thermal diffusivity, cp – specific heat at constant
pressure, U is the wetted perimeter.

Fluid flow and heat transfer can be considered in a steady-state analysis

∂

∂τ
= 0 . (5)

In order to eliminate the pressure gradient, the momentum term in Eq. (3)
is integrated around the loop:

∮
(

dp

ds

)

ds = 0 , p(0) = p(L) . (6)

2.3 Case for validation of the generalized model of two-

phase thermosyphon loop

The experimental measurements have been made for the case of the gen-
eralized model presented in Fig. 5. This two-phase thermosyphon loop
consists of minichannels and conventional tubes. The thermosyphon loop
is heated from the lower vertical section (s3 ≤ s ≤ s4) by a constant heat
flux q̇H , and cooled in the upper vertical section (s7 ≤ s ≤ s8) by a constant
heat flux, q̇C . The heated and cooled parts of the thermosyphon loop are
connected by perfectly insulated channels.
As shown in Fig. 5 the space coordinate s circulates around the loop. The
following parameters of the lop are known: the coordinates of the charac-
teristic points si, the internal diameter Dj , the cross-section area Aj , the
wetted perimeter Uj and the total length L. A linearly varying quality
function x(s) are assumed according to the study published in [27,30,31].

The sum of acceleration pressure drops is neglected, because of the ac-
celeration of the evaporating liquid in the evaporator is balanced by the de-
acceleration of the condensing vapour in the condenser in the thermposyphon
loop [31]. Thus, by integrating around the loop, the momentum equation
in (3) can be reduced to the form

∮

LOOP

(

τw
U

A

)

ds +

∮

LOOP
(ερg̃)ds = 0 . (7)
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Figure 5: Theoretical model of the two-phase thermosyphon loop with minichannels and
conventional tubes (BEND; EXP: sudden expansion; CON: sudden contraction.

2.4 Gravitational term in the momentum equation

The gravity term in the momentum Eq. (7) can be expressed as

∮

LOOP (ε ρ g̃) ds = g (ρV − ρL)
{

(s4 − s3) ᾱ〈s3;s4〉+

+ [(s5 − s4) − (s7 − s6)] ᾱ〈s4;s7〉 − (s8 − s7) ᾱ〈s7;s8〉

}

,
(8)

where

ᾱ〈si;sj〉 =
1

(sj − si)

∫ sj

si

α〈si;sj〉 (s) ds . (9)
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2.5 Frictional term in the momentum equation

In the thermosyphon loop during the fluid circulation, the following pres-
sure losses ∆pT OT, F r can be recognized: the pressure loss for overcom-
ing the friction resistance in the pipes ∆pF r and the pressure losses for
overcoming the local resistance ∆pLOC (bend, sudden expansion, sudden
contraction).

∆pT OT, F r = ∆pF r + ∆pLOC . (10)

Two phase local pressure drop is calculated with

∆p2P, LOC = Ψ2P
L0, LOC × ∆pL0, LOC , (11)

where Ψ2P
L0, LOC is a two-phase local loss multiplier and ∆pL0, LOC is a local

pressure loss when all the mixture is liquid.
The frictional component of the pressure gradient in two-phase regions

was calculated using the two-phase separated model. Due to friction of
fluid, the pressure gradient in two-phase regions can be written as follows
[10,21]:

(−dp

ds

)

2P, F r
= R2P

(−dp

ds

)

L0, F r
(12)

where R2P is the local two-phase friction factor,
(

dp
ds

)

L0, F r
is only the liquid

frictional pressure gradient calculated for the liquid total volumetric flow
rate. After integrating the friction term around the loop, we obtain

∮
(

dp

ds

)

F r,2P
ds =

=

{

(

dp

ds

)〈s3;s4〉

L0, F r
(s4 − s3) R̄〈s3;s4〉 +

(

dp

ds

)〈s4;s7〉

L0, F r
(s7 − s4) R̄〈s4;s7〉+

+

(

dp

ds

)〈s7;s8〉

L0, F r
(s8 − s7) R̄〈s7;s8〉 +

(

dp

ds

)〈s0;s1〉

L0, F r
(s1 − s0) +

+

(

dp

ds

)〈s8;s9〉

L0, F r
[(s9 − s8) + (s12 − s10) + (s3 − s1)] +

+

(

dp

ds

)〈s9;s10〉

L0, F r
(s10 − s9)

}

, (13)

where

R̄〈si;sj〉 =
1

(sj − si)

∫ sj

si

R (s) ds . (14)
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Substituting Eqs.(8) and (13) and the sum of local resistance into the mo-
mentum Eq. (7) gives

{

(

dp

ds

)〈s3;s4〉

L0, F r
(s4 − s3) R̄〈s3;s4〉 +

(

dp

ds

)〈s4;s7〉

L0, F r
(s7 − s4) R̄〈s4;s7〉+

+

(

dp

ds

)〈s7;s8〉

L0, F r
(s8 − s7) R̄〈s7;s8〉 +

(

dp

ds

)〈s0;s1〉

L0, F r
(s1 − s0) +

+

(

dp

ds

)〈s8;s9〉

L0, F r
[(s9 − s8) + (s12 − s10)+(s3 − s1)] +

+

(

dp

ds

)〈s9;s10〉

L0, F r
(s10 − s9)

}

+
12
∑

i=1

∆pLOCi
+g (ρV −ρL)

{

(s4−s3) ᾱ〈s3;s4〉+

+ [(s5 − s4) − (s7 − s6)] ᾱ〈s4;s7〉 − (s8 − s7) ᾱ〈s7;s8〉

}

= 0 . (15)

In the case of minichannels, it is necessary to use new correlations for
void fraction and the local two-phase friction coefficient in the two-phase
region. The following correlations have been used to calculate the two-phase
flow in the thermosyphon loop with minichannel:

• the El-Hajal et al. [33] correlation for void fraction,

• the Tran et al. [34] correlation for the friction pressure drop of two-
phase flow for 〈s7; s8〉 the diabatic section and minichannels.

The following correlations have been used to calculate the two-phase flow
in the thermosyphon loop with conventional tubes:

• the standard Zuber-Findlay [35] drift flux model of two-phase flow
for void fraction,

• the Müller-Steinhagen and Heck [36] correlation for the friction pres-
sure drop in two-phase flow for 〈s3; s4〉 the diabatic region and con-
ventional tube, and for 〈s4; s7〉 the adiabatic region and conventional
tube.

The following correlations have been used to calculate the local resistance
of two-phase flow in the thermosyphon loop:
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Table 1: Correlations for the void fraction and the friction pressure drop of two-phase
flow in minichannel.

Researcher Correlations for minichannel

El-Hajal
et al. [33]

αHAJAL = αHOM −αST EINER

ln
(

αHOM
αST EINER

) ; αHOM = 1

1+
1−x

x

(

ρV
ρL

) ;

αST EINER =
(

x
ρV

)

×

×
{

[1 + 0.12 (1 − x)] ×
[

x
ρV

+ 1−x
ρL

]

+
1.18 (1−x)[gσ(ρL−ρV )]

0. 25

Ġ(ρL)0.5

}(−1)

;
(16)

Tran et

al. [34]

(

dp
dl

)T RAN

2P, F r
= RT RAN

L0, 2P
×
(

dp
dz

)

F r, L0
;

RT RAN
2P, L0 = 1 +

(

4.3 Y 2 − 1
)

×
[

NCONF (x)0.875 (1 − x)0.875 + (x)1.75
]

;

NCONF =

[

σ
g(ρL−ρV )

]

0.5

D
; Y =

√

(

dp
dz

)

V 0

/(

dp
dz

)

L0
;

(17)

Table 2: Correlations for the void fraction and the friction pressure drop of two-phase
flow in conventional tubes.

Researcher Correlations for conventional tube

Zuber-Findlay [35]

ᾱ2P = 1
{

C0

[

1+
(

1−x
x

)(

ρV
ρL

)]

+
ρV
Ġ x

Vvj

} ;

C0 = 1.2 ; Vvj = 1.53

[

g σ
(ρL−ρV )

(ρL) 2

] ( 1

4
)

;

(18)

Müller-Steinhagen and
Heck [36]

(

dp

ds

)M−S

2P, F r
= F (1 − x)

1

3 + B x3 ;

F = A + 2 x (B − A) ; A =
(

dp
ds

)

L0
; B =

(

dp
ds

)

V 0
;

(19)

2.6 Simulation results

A set of the enhanced procedures written in MATHCAD was developed for
providing a simulation of a range of applications of the generalized model
of the two-phase thermosyphon loop. A simulation code created for the
presented experimental variant of the generalized model was used to solve
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Table 3: Correlations for the local resistance of two-phase flow.

Fitting Correlations for local resistance

Sudden
con-
traction
[37]

∆p2P, CON = Ψ2P
L0, CON

×

{

(Ġ1)2

2 ρL
×

[

(

1
CC

− 1
)2

+ 1 − 1
(ζCON )2

]}

;

ζCON =
(

ALARGE
ASMALL

)

=
(

A1

A2

)

;

CC =





1
[

0.639
(

1−
1

ζCON

)

0.5

+1

]



 ; Ψ2P
L0, CON =

[

1 + xin

(

ρL
ρV

− 1
)]

;

(20)

Bend
[38,39]

∆p2P, BEND = Ψ2P
L0, BEND

× ∆pL0, BEND = Ψ2P
L0, BEND

×

[

KL0, BEND
(Ġ1)2

2 ρL

]

KL0, BEND = 1.14 ; B90 = 1 + 2.2

k90

L0
[2+( R

D )]
;

Ψ2P
L0, BEND

=
{

1 +
[(

ρL
ρV

− 1
)

×
[

B90 xin (1 − xin) + (xin)2
]]}

;

(21)

the conservation equations of mass, momentum, and energy taking into
account the measurement conditions in the experiment.

Further the effective procedures developed in this study were used to
determine as follows:

• the characteristic geometrical points on the loop sn;

• the void fraction of two-phase fluid in heater with conventional tubes
and adiabatic section using the Zuber-Findlay [35] correlation and
cooler with minichannel using the El-Hajal et al. [33] correlation;

• the local friction coefficient of two-phase flow in the selected circula-
tion sections 〈s3; s4〉 and 〈s4; s7〉 of the thermosyphon loop using the
Müller-Steinhagen and Heck [36] correlation for conventional tubes,
the Tran et al. [34] correlation for minichannel 〈s7; s8〉;

• the local flow resistance at characteristic points of the loop for a single-
and two-phase flow in conventional diameter channel and minichannels.

Moreover, the code includes the iterative procedures for determination of
the value of individual components of the of the momentum equation (16),
e.g., the buoyancy term, local resistance and friction force of a single- and
two-phase fluid flow in adiabatic and diabatic sections of the thermosyphon
loop.

The results achieved by the use of the advanced analytical methods
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and numerical calculations are the predicted distribution of values for the
volumetric flow rate due to the thermal power supplied to the heater. These
calculations were performed assuming the same experimental conditions.
Additionally, the comparisons are made between the results of homogeneous
and separate flow models of two-phase flow formulation.

3 Experimental investigations

3.1 Experimental setup

The experiments described in this paper were undertaken using the ex-
perimental setup presented in Fig. 6. Photo of the experimental setup
is shown in Fig. 7. This experimental setup was prepared for perform-
ing the validation of the generalized model using its new variant config-
uration analyzed in this study. The measurements were carried out on
a two-phase thermosyphon loop with minichannels and conventional tubes.
The termosyphon loop consists of an evaporator (single-conventional tube)
on the lower vertical section and a condenser (single-minichannel tube)
on the upper vertical section. Experimental apparatus consists of a ther-
mosyphon loop device including evaporator, condenser, vertical tubes (riser
and downcomer), horizontal connecting tubes, expansion tank and a set of
instruments such as ultrasonic flow meter, power supply, ultra-thermostat,
temperature acquisition instruments data acquisition system personal com-
puter. The test loop of rectangular shape is 700 mm high and 300 mm
width. The other geometrical dimensions of the loop are shown in Fig. 5.

The evaporator consisting of one conventional channel is located on the
lower left part of the vertical section of the loop. The heater is made of
a silver (AG935) tube of 200 mm length and 6.2 mm internal diameter.
Silver has the best thermal conductivity of 429 W/mK. The silver tube of
a heater is connected to a high-current electric circuit for a heating power
supplier with autotransformer M10-522 and a high current shunt. The
heating tube generates heat due to Joule heat. The amount of heat gener-
ated is regulated by the use of the variable M10-522 autotransformer. The
voltage and current were measured by the AX8450 digital multimeters with
the AC voltage measuring accuracy of ±0.5%.

The cooler consisting of a minichannel is located on the upper right part
of the vertical section of the loop. The cooler is designed as a type of tube-
in-tube heat exchanger. The inner tube of the cooler is made of a silver
tube of 200 mm length and 2.4 mm internal diameter. The outer tube of
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Figure 6: Schematic view of the experimental setup; 1 – minichannel, 2 – thermocouple
(outer surface of insulation material), 3 – heater (conventional tube), 4 – ther-
mocouple (outer surface of heater tube), 5 – voltmeter digital multimeter, 6 –
autotransformer, 7 – high current shunt, 8 – ampmeter digital multimeter, 9
– insulation, 10 – loop pipe, 11 – thermocouple (inside box), 12 – sight glass
(left), 13 – camera, 14 – expansion tank, 15 – thermocouple (outlet of cooler),
16 – minichannel cooler tube, 17 – thermocouple (inlet of cooler), 18 – sight
glass (right), 19 – rotameter, 20 – ultrathermostat, 21 – ultrasonic flow meter,
22 – data acquisition system, 23 – personal computer, 24 – infrared camera, 25
– thermocouple (ambient temperature).

the cooler is transparent and made of a plexiglass with an internal diameter
of 40 mm. The cooling fluid in the cooler flows in a countercurrent. The
flow of coolant (distilled water) was forced by a pump ultra-thermostat
MX07R-20-A12E PolyScience Refrigerated/Heated Circulating Bath with
temperature stability of ±0.07 ◦C. The pump flow rate was 11.9 l/min.
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Figure 7: Photography of the experimental setup.

The flow rate for cooling fluid were adjusted by YOKOGAWA Rotameter
RAGL53 with a high degree accuracy readings of ±2.5%. The T type ther-
mocouples with 0.5 mm diameter and a measurement accuracy of ±0.5 ◦C
were used for temperature measurements. The thermocouples measured
the temperature of the cooling fluid at the inlet and outlet of the con-
denser.

The test loop is thermally insulated using a high-temperature insula-
tion material made of the ceramic mineral wool insulation blankets faced
outwards with aluminum foil. The thickness and thermal conductivity of
the insulation material are 30 mm and λ = 0.034 W/mK, respectively.
The thermocouples measured the temperature of the outer surface of the
insulated evaporator. The measurement setup is also thermally isulated in
order to minimize the heat losses from the setup into the ambient. The
whole measurement setup is covered by large solid box made of styrofoam
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with a thickness of 70 mm and a thermal conductivity of λ = 0.034 W/mK.
The heat losses were determined using thermocouples located on the inner
and outer walls of the insulated box. Moreover, the quality of insulation
was controlled and monitored using FLIR A325sc infrared camera. It was
found that the heat losses to the environment were negligible. The noncon-
tact temperature measurements were curried out with accuracy of ±2.0 ◦C
and ±2.0% of reading. The thermal fluid flow was photographed and filmed
through the sight glass of the loop tube with aid of the video camera JVC
GC PX100BU.

An ultrasonic flow meter type Titan-Atrato AT710 was attached to the
loop and connected directly to the data acquisition system (Model OMEGA
USB-DAQ-2416-4AO). The calibrated flow meter was used for measuring
and monitoring the volumetric flow rate of the circulating working fluid.
This noninvasive flow meter detects changes in the flow of liquid through the
small-bore tube and measures a small velocity of a fluid. The Titan-Atrato
AT710 ultrasonic flow meter uses the time-of-flight measuring method. The
important features of the Atrato ultrasonic flow meter are as follows: the
operating capability up to 110 ◦C, a high measurement dynamics (200:1
turndown and remote inputs), the measurement accuracy of < ±1.5%, and
the excellent measuring repeatability of 0.1%.

The data acquisition system type and the expansion module AI-EXP-32
with a resolution of 24 bit were used for recording the measured voltage
from the thermocouples, flow meter and digital multimeter. The experi-
mental loop has a small thermal expansion tank which was opened to the
atmosphere. An ultrapure water as a working fluid was used in the exper-
imental thermosyphon loop. The water was distilled, degassed, deionized
and demineralized using Milli-Q Ultrapure Water Solutions Type 1.

The experimental test setup was configured for the presented variant.
In fact, the experimental setup is designed and constructed for investigat-
ing the performance of any variants of the generalized model developed
for the two-phase thermosyphon loop. This test station can be used to
investigate the single- and two-phase flow circulation using different types
of heat exchangers: minichannels, conventional tubes and a combination
of minichannels and conventional tubes. It can be also applied for testing
the thermosyphon effect in loop heat pipe. The presented model of the
thermosyphon loop provides a basis for further experimental investigations
and other parameters validation.
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3.2 Experimental procedures

First, after filling the thermosyphon with ultrapure water, the device was
left out for approximately 24 hours in order to release possible bubbles in
the loop. Then, the temperature of the cooling water was determined in
the operating thermostat MX07R-20-A12E. The flow rate for cooling water
was adjusted by Yokogawa Rotameter RAGL53.

Next, the recording device OMEGA USB-DAQ-2416-4AO, expansion
module AI-EXP-32 and computer software for data logging were launched.
The heating system was started up. The amount of generated heat was
regulated by the variable output voltage of M10-522 autotransformer.

Finally, the measured data of volumetric flow rate and the temperature
of all used thermocouples were recorded during transient and steady-state
flow. The averaged value of volumetric flow rate was determined when
the measured distribution of volumetric flow rate at steady-state reached
a plateau. This procedure was repeated at successively higher values of
heat power between 14 W–38 W. The upper limit of the heat power was
not exceeded to avoid the occurrence of the dry-out phenomenon and de-
struction of the silver tube heater due to overheating. A large number of
the volumetric flow rate measurements were made throughout this work.
The obtained results were replicable.

3.3 Uncertainty analysis

The experimental errors were determined according to the ISO GUM [40]
uncertainty methods of type A and B. The experimental measurements
were influenced by the statistical, standard deviations (type A) and the
nonstatistical, expected uncertainty of the measuring system (type B).

An estimation of the square of the overall combined uncertainty is
achieved by summing the squares of the type A and B uncertainties:

uC (y) =
√

u2
A (y) + u2

B (y) , (22)

where uA (y) is the uncertainty of type A

uA (y) =

√

√

√

√

1

N (N − 1)

N
∑

i=1

(xi − x̄)2 ; and x̄ =

√

√

√

√

1

N

N
∑

i=1

xi , (23)

where xi is the ith individual value, and N is the number of observations.
The expected uncertainty of the measuring system (type B) was based on
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the principle of uncertainties propagation. The uncertainty of a function f
of several independent variables xi provided all errors associated with these
independent variables and is given by formula

uB (y) =

√

√

√

√

√

[

N
∑

i=1

(

∂f

∂xi

)

u (xi)

]2

, (24)

where y = f (x1, x2, ..., xN ) and u (xi) is the uncertainty of variable xi. The
expanded uncertainty of measurement U was obtained by multiplying the
standard uncertainty uC (y) by a coverage factor k as follows:

U (y) = k uC (y) . (25)

The standard coverage factor was used. The assigned expanded uncertainty
corresponds to a coverage probability of approximately 95%.

The uncertainties in the experimental results were associated with direct
measurements. Table 4 presents the uncertainty values of instruments used
in the present work.

Table 4: Uncertainty of instruments used in this research.

Parameter Instrument Uncertainty

Voltage U [V] Multimeter AX8450 ± 0.6

Current I [A] Multimeter AX8450 ± 0.002

Volumetric flow rate Atrato AT710 < ± 1.5 % of reading

Temperature [◦C] thermocouples type T/0.5 ±0.5

The heating power input Q̇ can be computed by Eq. (26) as follows:

Q̇ = U I , (26)

where I is the current, U is the voltage. The uncertainty of the heating
power input Q̇ was obtained by the following equation:

uB

(

Q̇
)

=

√

√

√

√

[(

∂Q̇

∂U

)

uB (U)

]2

+

[(

∂Q̇

∂I

)

uB (I)

]2

. (27)

The expanded uncertainty for the volumetric flow rate and the heat power
in the evaporator were determined as U(V̇ ) = ±0.17 mL/min and U(Q̇) =
±1 W, respectively.
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4 Experimental results

Figure 8 presents the experimental results for five measuring series of the
volumetric flow. The results were obtained for five values of heat power
(19 W, 22 W, 26 W, 31 W, 35 W) in one experimental session. The applied
heating loads were set without interrupting fluid circulation. Thus, the
separate series of measurements in terms of heat power can be analyzed.

Figure 8: Experimental volumetric flow rates vs. time of recording for tested range of
hear power.

Figure 9: Measured volumetric flow rates vs. time of recording for two values of heating
loads (31 W, 35 W).

Figure 9 shows the measured volumetric flow rate for the cases of applied
power equal to 31 W and 35 W heating loads with zooming the time scale.
The transient and steady-state sectors are clearly seen.
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The oscillations in frequency and amplitude of the volumetric flow rate
were observed across the full measurement range of the heating load. The
relatively small amplitude values of the volumetric flow rate were observed
by lower settings of the heat rate (19 W, 22 W, 26 W) applied to the evap-
orator of the thermosyphon loop. The relatively larger amplitude of the
volumetric flow rate was observed with the increasing the heating loads
(31 W, 35 W). The average value of volumetric flow rate were calculated
individually for each series of measurements. The calculations were based
on the instantaneous values of volumetric flow rate measured by the ultra-
sonic flow meter. It was found that during power start-up for each series
of measurements the average value of the volumetric flow rate was increas-
ing with time. But after this initial transient flow the average value of
the volumetric flow rate reached a plateau. The values of the volumetric
flow rate remain constant under steady-state conditions. Both transient
and steady-state flows can be identified by each series of measurements. In
fact, the steady-state played a dominant role during the measurements of
the volumetric flow rate of the two-phase flow in the thermosyphon loop.
Furthermore, it was observed that there is a large instantaneous value of
the volumetric flow rate at low power start-up (19 W). The phenomenon of
very high amplitude oscillation of flow rate was also observed and reported
by Archana et. al [14] and Vijayan et al. [16]. The authors concluded that
the high peak of amplitude occurs in the first unstable zone.

Results obtained for a set of the average values of the volumetric flow
rate at the steady-state for all series of experimental data are presented
in Fig. 10. Additionally, figure demonstrates the comparison between the
results of homogeneous and separated two-phase flow models.

The experimental values of the volumetric flow rate and those obtained
with the generalized model of two phase flow in thermosyphon loop using
in calculations the homogenous and separated two-phase flow models are of
the same order of magnitude. A good agreement can be seen by comparing
the experimental values of the volumetric flow rate to the theoretical values
using the separated two-phase flow model.

Moreover, the thermal behavior of the two-phase flow was photographed
and filmed through the sight glass of the loop tube. Figure 11 presents pho-
tos of the two-phase flow structure observed after the fluid left the heater.
In Figs. 11 (a) and (b) are shown the bubble flow at 19 W and 22 W,
respectively. But the plug flow pattern was observed at 31 W.
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Figure 10: Comparison of the experimental average volumetric flow rate and values pre-
dicted by the homogeneous and separated two-phase flow model formulations.

(a) (b) (c)

Figure 11: The flow boiling patterns observed through the evaporator transparent wall:
(a) and (b) – bubble flow at 19 W and 22 W, respectively; (c) – plug flow at
31 W.
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5 Conclusions

Both theoretical and experimental investigations have been carried out to
study the heat transfer and fluid flow in two-phase thermosyphon loop with
minichannels and conventional tubes. The goal of this research was to pro-
vide an experimental validation of the generalized theoretical model of the
two-phase thermosyphon loop. A new variant of the generalized model
was investigated for the purpose of improving agreement with experimen-
tal data. The model refers to a thermosyphon loop with minichannels
and conventional tubes. The thermosyphon loop consists of the evaporator
on the lower vertical section and the condenser on the upper vertical sec-
tion. The presented thermosyphon loop configuration with the evaporator
(single-conventional tube) and condenser (single-minichannel tube) was not
experimentally investigated by other researchers.

The heat transfer characteristics of the thermosyphon loop with minichan-
nels and conventional tubes based on the one-dimensional two-phase sepa-
rated flow model can be predicted using the following correlations: in case
of minichannels – the El-Hajal [33] correlation for void fraction, the Tran
[34] correlation for the friction pressure drop of two-phase flow in the cool-
ing region; in the case of conventional tubes – the standard Zuber-Findlay
[35] drift flux model of two-phase flow correlation for void fraction, the
Müller-Steinhagen and Heck [36] correlation for the friction pressure drop
in two-phase flow for 〈s3; s4〉 the heating region, and for 〈s4; s7〉 the adia-
batic region.

The oscillations in frequency and amplitude of the volumetric flow rate
were observed across the full measurement range of the heating load. It
was found that after this initial transient flow the average value of the
volumetric flow rate reached a plateau. The values of the volumetric flow
rate remain constant under steady-state conditions. The steady-state con-
ditions played a dominant role during the two-phase flow in thermosyphon
loop. The flow rate oscillations in two-phase thermosyphon loops and the
constant value of the volumetric and mass flow rate under steady-state con-
ditions were also identified and reported by Archana et al. [14], Vijayan et

al. [16], Lemos et al. [15].
It is found that the values of the volumetric flow rate obtained ex-

perimentally and those obtained with the generalized model of two-phase
flow in thermosyphon loop using in calculations the homogenous and sep-
arated two-phase flow models are of the same order of magnitude. A good
agreement is observed between the experimental results and the theoretical
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predictions using the separated two-phase flow model. The values of volu-
metric flow rate derived from the homogenous model of two-phase flow are
higher than those obtained by experiment. This means that the homoge-
neous model of two-phase flow is too rough and does not reflect the nature
of the circulation of fluid in the two-phase thermosyphon loop.

The presented results provide the experimental evidence for the valid-
ity of the proposed concept of the generalized model of two-phase ther-
mosyphon loop. The results from the study show that this generalized
model can be used to describe any possible individual variants of ther-
mosyphon loop with minichannels including the earlier variants developed
by authors [2, 8-12]. The best choice of the variant is dependent on specific
conditions of cooling needs.

The presented experimental setup offers various technical solutions which
provide a basis for further experimental investigations and other parame-
ters validation. Further studies are required, for example, to verify the
other variants of the generalized model previously analyzed by author and
to gain knowledge about the effect of a working fluid and the geomet-
rical parameters on the thermal performance of the thermosyphon loop.
These parameters are important and practical for electronic cooling ap-
plications. The results obtained from the generalized model of two-phase
thermosyphon loop can form the basis for further investigations.
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